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Abstract 
 
The supercritical CO2 closed loop Brayton cycle operates at high pressure to achieve 
higher energy conversion efficiency. One of the important components in turbomachinery 
of the power cycle plant is the dry gas seals. Dry gas seals are gas-lubricated, mechanical, 
non-contacting, end-face seals, consisting of a mating (rotating) ring and a primary 
(stationary) ring. Low leakage dry gas seals are considered as a key enabling technology 
for achieving the improved thermodynamic cycle efficiency in the supercritical CO2 power 
cycle. Alternate seal types, for example, labyrinth seals, suffers from high leakage.  Even 
so there is a growing interest and importance of applying the small length scale dry gas 
seal in the small to medium scale supercritical closed loop Brayton cycle (1-20 MWe), 
there are still uncertainties for their operation at supercritical CO2 conditions. These include 
the real gas effects near the critical points and the methods of minimizing the deformation 
of the supercritical CO2 dry gas seal. In the supercritical region in the vicinity of the critical 
point (304 K, 7.4 MPa), CO2 behaves as a real-gas, exhibiting significant and abrupt 
nonlinear changes in fluid and transport properties and high densities.  
             Comprehensive analysis is performed to simulate the supercritical CO2 dry gas 
seal. First, an isothermal simulation assuming rigid sealing ring walls in the gas film is 
performed using ANSYS Fluent to study the influences of real gas effect on performances 
of the dry gas seal. Then, conjugate heat transfer simulation is used to optimize the face 
geometry for a small to median scale supercritical closed loop Brayton cycle (1-20 MWe) 
using ANSYS Fluent. Finally, the pressure and the thermal outputs from the conjugate heat 
transfer analysis are used as boundary conditions for one way coupling fluid-structure-
thermal simulations using ANSYS Static Structural to study the effect of deformation of the 
sealing rings under applied pressure-loads, thermal-loads, and centrifugal effect.  
             Finding from the simulation results shows, close to critical point the real gas effect 
is significant, whereas far from the critical point the supercritical fluid resembles an ideal 
gas. The centrifugal effect is enhanced by the higher density due to the real gas effects, 
causing a reduction of average pressure in the dam region hence reduces the opening 
force, and seal leakage. 
             Increasing the groove radius decreases the opening force whereas increasing the 
spiral angle, increases the opening force. However, the variation is small for all tested 
cases studies with variation up to 6%. Increasing the groove radius decreases the leakage 
rate whereas increasing the spiral angle, increases the leakage rate. The variation in 
changing groove radius is more significant than the spiral angles.  The variation in leakage 
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is up to 29.2% for all tested cases. In term of the film stiffness, there is no clear pattern 
when changing the groove radius but the impact of the spiral angle is significant, up to 
46.6% for all tested cases studies. For a small diameter seal, groove radius, rg = 17 mm 
and a spiral angle α = 30o are recommended as it gives the optimum seal performances, 
owing to its lowest leakage rate and high film stiffness respectively.   
 Results from one-way coupled analysis to explore sealing ring deformation, show 
that the thermal-induced deformation has more pronounced effects than the pressure-
induced or centrifugal-induced deformations on the net deformation of the dry gas seal. It 
is shown that the larger thermal deformation is caused by the presence of a radial 
temperature gradient, which arises due to the much better heat transfer experienced at the 
seal outer diameter (to the sealed fluid), compared to heat transfer at the inner diameter of 
the rings (to fluid at ambient conditions). Reducing convection area, the portion of sealing 
ring exposed to high heat transfer is explored as a method to minimise this. It is shown 
that this has some benefit. However, overall deformation and coning remain large. 
Consequently finding a way to control heat transfer and temperature profiles of the rings is 
critical. 
          The numerical models are validated with the previous computed data in term of the 
pressure, opening profiles and friction heat and a reasonable agreement have been 
achieved. The velocity profiles near the wall region are verified with the empirical formulas 
and reasonable agreement has been achieved.  
This project provides some new insights on how to design a seal for supercritical 
CO2 that reveal new flow physics and seal distortions management.  
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CHAPTER 1 
INTRODUCTION  
 
1.1 Motivation 
1.1.1 Closed Loop Supercritical CO2 Brayton Power Cycles 
 
With the increased demand for higher efficiency power conversion of renewable energy 
resources, the supercritical CO2 power cycle has then emerged as a promising avenue for 
harnessing higher-efficiency power production. The supercritical CO2 can be more efficient 
than the ideal gas helium Brayton cycle or the steam Rankine cycle [1-5]. To achieve cost-
parity with non-renewable sources, a high efficiency power cycles is critical [3]. The 
supercritical CO2 Brayton cycle can be operated at higher temperatures that capable of 
improving the overall efficiency when compared to a traditional Rankine cycle [6].  
Feher [7] compared the critical conditions of several fluids suitable for a power cycle. 
CO2 is proposed for the supercritical Brayton power cycle due to its moderate critical pressure 
and critical temperature close to ambient conditions. CO2 also allows more efficient heat 
transfer in the heat exchanger, exhibits chemical stability, cheapness, abundance,  
nonflammability, stability and non-toxicity and relative inertness across the temperature 
range of interest [7-9] making it an ideal candidate. 
For supercritical CO2 power cycles, one key benefits are the high operating pressure 
throughout the cycle resulting in a working fluid with high density and specific heat, which 
leads to a smaller plant footprint, equipment size, and therefore reduced capital cost [8, 10] as 
shown in Figure 1.1. 
The supercritical CO2 closed loop Brayton cycle critically relies on seal technologies 
to achieve high system efficiencies [11]. The seal is required to separate and create barriers 
between the high-pressure fluid in turbine and compressor and the ambient condition or low-
pressure regions that exist to minimize windage. If the leakage is too high, the working must 
be collected and reinjected into the main loop to recover the mass loss. This reduces the 
overall power cycle efficiency [6, 12]. The high operating pressure and density in 
supercritical CO2 Brayton cycle can lead to significant leakage flow rate,  if not properly 
managed by design [13]. Therefore, the selection and design of proper seals that can 
withstand the harsh working condition in the supercritical CO2 power loop at the lowest 
leakage are essential.  
2 
 
 
So far, labyrinth seal has been used rather than the more complex but lower leakage 
dry gas seal in the supercritical CO2 concepts, due to their simplicity and low cost  [13]. The 
typical initial configuration of supercritical CO2 Brayton cycles uses labyrinth seal on the 
compressor and turbine end shaft to separate the rotor cavity from the high pressure 
compressor and turbine as shown in Figure 1.2. The rotor cavity that sits in between the 
turbine and compressor housing need to be operated at the reduced pressure and density to 
reduce the frictional losses [13]. 
 
 
Figure 1.2: Schematic of the internal turbomachinery components for the SANDIA 
supercritical CO2 turbo-alternator-compressor [15]. 
 
Figure 1.1: Comparison of turbine size for steam, helium, and supercritical CO2 [14]. 
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1.1.2 Why Dry Gas Seal? 
 
The labyrinth seal is a radial seal. The radial seal is created in the radial space between the 
stationary part and rotating shaft, which in turn limits the operating clearance to avoid the 
contact between the stationary and rotating shaft as opposed to axial seal gap. Axial face type 
seals can have smaller leakage clearances and can handle much higher pressures and speeds 
than the radial seals such as labyrinth seals [6, 16, 17].  The advantage of face seal led dry gas 
sealing technology studies for supercritical CO2 power cycle applications.  
 Dry gas face seals have lower leakage than labyrinth seals by about one order of 
magnitude [6, 13]. Using the labyrinth seal technology as shaft end seal can results in a 
0.55% to 0.65% point efficiency loss as shown in Figure 1.3.  The low leakage dry gas seal, 
capable of reducing the leakage flow rate is considered an enabling technology for achieving 
50-52% thermodynamic cycle efficiency in the supercritical CO2 power cycle [18].   Due to 
the substantial gas leakage through the labyrinth seal, the power cycles typically require 
ejector systems to collect the shaft seal leakage flow and to reinject the fluid back into the 
loop to minimize mass loss from the system, which reduces leakage and increases the power 
cycle efficiency [13, 19]. Using a more complex dry gas seals reduce the performances loss 
and increase the power cycle efficiency due to leakage [13]. Therefore dry gas seal is the 
preferred choice for supercritical CO2 power cycle applications when the technology is ready 
[13, 20, 21].  
 
 
Figure 1.3: Cycle efficiency impact of two labyrinth end seals for a utility-scale 
supercritical CO2 turbine and desired dry gas seal leakage and expected efficiency [18].  
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1.2. Dry Gas Seal 
 
The dry gas seal is a non-contact, gas lubricated, mechanical end-face seals that consist of a 
mating (rotating) and primary (non-rotating or stationary) ring as shown in Figure 1.4. The 
principal components and the operations are discussed next. 
 
1.2.1  Principle Components 
 
The principle components of the rotating (mating) ring (Figure 1.4) are [22]: 
 
i. A rotating ring contains grooves near the outer diameter of the face of the ring. 
Typically, the grooves are machined only in a few micron in depth and to the radial 
midpoint of the rotating face as shown in Figure 1.4.  
ii. A shaft sleeve that encloses the mating ring affixed to the shaft, so that the ring and 
sleeve are rotated with the shaft. 
iii. A locking sleeve to secure the mating ring in the axial direction. 
iv. Various O-rings that provide secondary sealing. Some of these O-rings are replaced 
with polymer seals (e.g. PTFE) in high-pressure environment applications. 
v. A shear ring to absorb the thrust load exerted on the seal assembly that typically fits 
into a groove in the compressor rotor and secures the seal assembly in the axial 
position. 
 
The principal components of stationary (primary) ring (Figure 1.4) are [22]: 
 
i. An axially stationary ring to seal against the mating ring. During operation, this floats 
the stationary ring with a small gap (typically 3-10μm) away from the rotating ring.  
ii. A set of springs that apply a uniformly distributed spring preload on the primary ring. 
iii. A pusher sleeve that can transmit the spring load to the primary ring causing axial 
movement to “float” with the mating ring. 
iv. Various O-rings that provide secondary sealing. Some of these O-rings are replaced 
with polymer seals such as PTFE in high-pressure environment applications.  
v. Housing parts that hold the gas seal components together in a self-contained seal 
cartridge. 
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Figure 1.4: Dry gas seal components [22]. 
 
1.2.2  Principle Operations  
 
For optimized seal performances, the grooves are machined to the radial midpoint of the 
rotating ring face and only a few microns in depth typically between 3-10μm [22] as shown in 
Figure 1.5(a). The spiral groove (Figure 1.5(b)) dry gas seal is still most widely used in 
mechanical seal applications today [23]. As shown in Figure 1.5(b), there are three regions on 
the rotating ring comprising of groove, dam and land areas. The grooves start at the outer 
radius and terminate part way down the seal face. 
 
  
(a) (b) 
Figure 1.5: Dry gas seal rotating ring pattern, (a) groove in seal mating ring [22] and (b) 
region in seal mating ring. 
 
The operating principle of the dry gas seal is that the opening force (Fo) and closing 
force (Fc) acting on the stationary ring is balanced as shown in Figure 1.6 and 1.7. The 
opening force (Fo) is composed of the hydrostatic (Fhs) and hydrodynamic force (Fhd). The 
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closing force acting on the back of the stationary face consists of hydrostatic pressure force 
(Fp) and the spring force (Fs). 
The hydrostatic forces exert on the sealing members whenever the seal is pressurized. 
It is present when the seal is stationary and rotating [24]. The hydrostatic forces govern one 
of the opening and one of the closing force components. One acts in the sealing gap on the 
front of the stationary ring,  due to the pressure differential between the outer (i.e., high 
pressure) and an inner diameter (i.e., low or atmospheric pressure) sealing pressure along 
with the hydrodynamic pressure to creates the total opening force. Hydrodynamic forces are 
present only during dynamic operations such as rotation of the rotating ring. They are 
enhanced by mechanical means such as spiral grooves. The other hydrostatic force is from the 
sealing pressure acting on the back of the stationary ring face. Together with the spring force, 
this contributes to the total closing force. 
During operation, gas is pumped inward between the stationary and rotating face. 
Figure 1.5(b) shows that the rotating ring must rotate in a clockwise direction allowing gas to 
be compressed and sheared toward the end of the groove that is restricted by the sealing dam.  
Consequently, this causes the gas pressure to rise, creating an area of high pressure in the 
outer portion of groove and dam intersection region. This high-pressure causes ‘‘lift off '' (or 
separation) of the stationary ring from the rotating ring until the desired gap is achieved, 
when the forces are balanced.  As the hydrodynamic effect quickly diminishes as the gap 
height increases, the operating gap is typically 3-10μm.  The gas flow from the sealing dam 
toward the low-pressure side of the seal (inner radius) creates a controlled leakage.  
Due to the hydrostatic pressure acting on the front and rear of primary ring, the seal 
face may be biased towards opening or closing the gap [24]. During the shutdown, the high 
pressure due to the hydrodynamic effect diminishes, and the stationary ring is held against the 
rotating ring by the series of springs. Because of the groove is not machined across the entire 
face of the rotating ring, the stationary and rotating ring are in tight contact.  
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Figure 1.6: Forces equilibrium diagram for balanced seal operating gap. 
 
 
Figure 1.7: Gas seal forces versus running gap showing force equilibrium [22]. 
 
 
 
(a) (b) 
 
Figure 1.8: Dry gas seal operation, (a) The cut view in the dry gas seal cartridge [22] and 
(b) the dry gas seal components and leakage path [11]. 
Shaft 
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Under ideal conditions, the seal would remain at this operating gap but typically 
during operation, because of some mechanical disturbances from the turbomachinery 
component such as the turbine, compressor, or shaft movements can cause the gap size to 
increase or decrease. Once the forces balance, a new gap is established. The physical 
deformation can occur to the seal rings due to thermal, centrifugal, pressure, etc.  that can 
alter the sealing gap size and result in coning of the sealing ring [17, 25]. 
A self-regulating property is essential for the non-contact of rotating and stationary 
rings during operations. When the operating gap size is small, the viscous shear action is 
more intense results in more gas getting pumped by the grooves [24]. The fluid shear stress 
leads to high pressure developing and hence higher opening forces and film stiffness, 
particularly in the groove and dam intersection region. Conversely, as the operating gap 
increases, the pumping effect diminishes, and the opposite is obtained when the gap size is 
large. If the running gap decreases, the opening force increases enlarging the gap until the 
equilibrium forces and desired gap are achieved and vice versa if the operating gap increases. 
This self-regulating mechanism controls the gap and avoids the contact between the 
stationary and rotating ring during operation. 
 
1.2.3 Operations and Challenges for Supercritical CO2 Dry Gas Seal  
 
The commercially available dry gas seals are typically designed for operation with liquids 
and fluids that behave like ideal gases, and thus are not optimised to operate with the 
challenges posed by supercritical CO2 Brayton power cycle designs [13]. Furthermore, many 
dry gas seals do not normally operate at the high shaft speed (𝜔 > 60000 rpm) in existing 
turbomachinery system [13]. Thus, to use the dry gas seal in the supercritical CO2 Brayton 
cycles power plant system, further development is required. 
 
Brun et al. [10] discusses the operations and challenges for the dry gas seal in the 
supercritical CO2  Brayton power cycle that can be summarized as follows: 
 
i. The dry gas seal configurations available in the single seal, tandem seal and tandem 
seal with an intermediate labyrinth seal. The tandem seal with an intermediate 
labyrinth seal is generally used in the harsh working condition like in the natural gas 
application, due to the minimal leakage to atmosphere. However, for the non-
flammable gas like CO2, a single seal design is adequate. 
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ii. To avoid the formation of dry ice across the seal face in the cold region from the cold 
CO2 compressor discharge, the CO2 should be filtered and heated with a clean buffer 
gas. Ideally the CO2 should be heated to 80-100oC, thereby avoiding the multiphase 
dome and dry ice regimes. 
iii. For the turbine dry gas seal, the temperature-limit of static seals, such as the O-ring is 
typically 170oC. This results in a high temperature gradient between the turbine 
discharge and the seal that must be cooled by injection of a buffer gas, to cool the 
casing below this maximum temperature. 
iv. The maximum allowable seal temperature accepted by the most dry gas seal 
manufacturers is between 200-230 oC. 
v. The leakage flow passes through static seal behind the rotating and stationary ring is 
expected to be minimal. 
 
1.3 Aims and objectives 
 
There is a growing interest in employing dry gas seals in small to medium scale supercritical 
closed loop Brayton cycle (1-20 MW). However several uncertainties, which can affect dry 
gas seal operation with supercritical CO2 remain. The objectives of this thesis are: 
 
1. Investigate how the properties of supercritical CO2, non-linear real gas properties 
affect the operating of dry gas seals through fluid, structural, and thermal analysis. 
2. Assess trends for grove geometry features and identify a preferred face geometry for a 
candidate supercritical CO2 dry gas seal. 
3. Quantify the thermal load acting on dry gas seals, the resulting thermal deformations, 
and explore options to reduce deformation. 
  
 The above objectives will be achieved through simulations using fluid-only CFD, 
conjugate heat transfer analysis and deformation analysis. 
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1.4 Thesis overview 
 
Chapter 2 presents the relevant literature to highlight some of the design choices and 
theoretical basis of using dry gas seal operating under normal ideal gas conditions. The 
inadequacy of the supercritical CO2 dry gas seal studies from the previous literature is 
highlighted. The overview of the supercritical CO2 closed-loop Brayton development works 
is discussed to highlight the relevance of applying the dry gas seal in the power cycle.  
 Chapter 3 describes the comprehensive methods used for the isothermal model, CHT 
model and deformation model of dry gas seal studies. The numerical models are validated 
and verified to shows the reliability of the present computational model. This chapter focuses 
on the methodology and verification of the respective models. The results from each model 
are present in Chapter 4, Chapter 5 and Chapter 6.  
 Chapter 4 studies a simple seal geometry, based on previous prototypes from literature 
to provide insight on how supercritical fluid properties affect dry gas seal operation. The rotor 
and stator wall are treated as the isothermal and the study focuses on the pressure distribution 
in the film of the dry gas seal. The flow behaviour in the dry gas seal at operating pressure 
and temperature typical to the supercritical CO2 closed-loop Brayton power cycle are 
discussed.  
 Chapter 5 presents a parametric study to explore how seal face geometry and gap 
heights affect seal operation of a candidate dry gas seal for a supercritical CO2 closed-loop 
Brayton cycle application. A CHT model is used to correctly account for temperature of 
stator and rotor faces. A dry gas seal geometry, using the optimum parametric seal face 
geometry is suggested for the corresponding operation range for supercritical CO2 closed-
loop Brayton power cycles application.  
 Chapter 6 analyses the deformation of the rotating and stationary ring and the 
resulting changes to the gap shape when operating with supercritical CO2, gas seal using the 
geometry proposed in chapter 5. The primary cause of the deformation is identified and 
methods to reduce the seal distortion and to recover a parallel seal face are outlined.  
Chapter 7 summarized the highlighted finding work, recommendations and avenues for future 
works. 
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CHAPTER 2 
LITERATURE REVIEW  
 
2.1  Supercritical CO2 Closed Loop Brayton Power Cycle 
 
Australia's abundant solar heat sources as shown in Figure 2.1 has significant potential for 
renewable-energy based power generation. Australia also has the highest average solar 
radiation of any continent per square meter [26]. Figure 2.2 shows the schematic of a simple 
configuration of closed Brayton cycle in a (Concentrated Solar Thermal) CST power plant.  
 
 
Figure 2.1: The distributions and potential of solar thermal power generation in Australia 
[8]. 
 
Parabolic-trough solar collector is considered to be one of the way to collect solar 
heat in CSP plants [10, 27]. They heat up and raised the temperature of working fluid in the 
receiver pipes. Next, the hot, high-pressure gas expands through a turbine and generates 
electricity in the generator. Recuperator recovers the remaining heat of the fluid after the 
turbine and improves the thermal cycle efficiency by reducing the required heat input. The 
fluid is cooled in the cooling tower or cooler and repressurized in the compressor and 
recirculate in the closed power cycle for reuse. 
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Figure 2.2: Supercritical CO2 Concentrated Solar Thermal layout in a direct-heated and 
dry-cooled parabolic-trough solar thermal power plant [8]. 
 
 
The supercritical CO2 Brayton power cycle offers the potential of higher cycle 
efficiency versus supercritical steam or superheated cycles at temperatures relevant for CSP 
plant applications [8, 10, 25, 28-30]. The advantages of a supercritical CO2 power cycle with 
respect to CSP plant applications can be summarized as follows [10]: 
 
i. Higher efficiency than current superheated steam cycles at a temperature range 
compatible with existing CSP collector systems.  
ii. Good power scalability ( ~10-150 MWe) that offers options for small modular as well 
as large CSP system designs.  
iii. Compactness (one-tenth in each dimension, the size of a comparable steam turbine) 
allowing for design flexibility when sitting the power cycle within a CSP system. 
iv. Potential capital cost savings due to small size and simplicity vs. the existing steam 
cycle.  
v. Cycle pressures lower than ultra-supercritical steam at comparable temperatures 
(although these pressures are higher than current superheated steam cycles). 
 
The development of the supercritical CO2 power plant started in the nuclear industry 
in the 60s [3]  to geothermal [2, 31] and solar thermal heat sources [3, 4, 8]. Initial 
development, has been slow phase due to the technical challenges of the high density and 
pressure of the CO2 working fluid [3].  But the development of supercritical CO2 gained 
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momentum due to growing interest, and the technical issues and risks are now being 
increasingly reduced and overcome [3, 4].  To date, numbers of test loops have been 
developed for research and prototyping of supercritical CO2 power cycles applications. 
Sandia National Laboratories (SNL) within the Advanced Nuclear Concepts group has tested 
a compressor and turbine for performance characterization and prototype system testing [5, 
13, 28, 32-35]. System control and transient analysis of supercritical CO2 loop has been the 
primary focus at Argonne National Laboratory (ANL), specifically for sodium-cooled 
reactors and Lead Fast Reactors [25, 30, 36-39]. The turbo-expander and heat exchanger 
development has been a large focus at the Southwest Research Institute for supercritical CO2 
for solar energy applications [11]. At the University of Queensland 100kW thermal 
laboratory-scale test loop within Queensland Geothermal Energy Centre of Excellence 
(QGECE) the primary project has been focusing on radial turbine performance 
characterization and prototype system testing.   
 
2.2  Dry Gas Seal 
 
Non-contacting gas film seals emerged directly from the studies of the gas thrust bearing 
applications and technology [40]. Whipple [41] provided the first report on gas thrust bearing 
on 1949 but remain classified back then until 1957 [16].  
Although the Whipple’s works [41] are recognized as a prominent pioneer in the 
development of the dry gas seals, Muijiderman [42] was the first to publish the detailed 
analysis of spiral groove thrust bearing which was the ground breaking for the future dry gas 
seal applications. Muijidedrman [42] applied both Reynolds equation and mass continuity 
equation to derive generalized equations for the spiral groove by assuming the pressure has a 
linear profile across the groove by taking account of spiral groove end effects in the 
prediction of the spiral groove bearing or seal. His theory is one-dimensional analysis notably 
known as the Narrow Groove Theory.  This model is simplified with the assumption of an 
infinite number of grooves and the gas exhibits quasi-incompressible behavior so that the 
estimation of pressure profile across a period of the groove pattern is based on an integration 
of the surface pressure and has a linear zigzag shape. This assumption makes it possible to 
treat the geometry as a one-dimensional problem while ignoring the complicated and 
boundary shape geometrical discontinuity [43]. Many software codes for spiral groove 
bearing use the simple narrow groove theory as the first step for developing methods to 
14 
 
design spiral groove dry gas seals [17]. Several other investigators had been expanded on this 
work to analyse seal such as Vohr and Pan [44], Malanoski and Pan [45], and Smalley [46].  
The Narrow Groove Theory is a one-dimensional equation, therefore, comes with 
limitations. Hence, alternative two-dimensional numerical solutions were derived by other 
researchers to develop a more accurate analysis of the seal performance. With the 
development of computers, more accurate numerical models have been employed to analyze 
performance characteristics. Numerical treatments based on the Reynolds equation that 
utilized the finite difference method, finite element method and boundary element method 
have been used [23, 47, 48]. Recently, Thatte and Zheng [49] used Reynolds equation 
together with an  ideal gas assumption for high-pressure CO2 compressible flow and 
implemented an iterative solution procedure to solve the governing equations using 
MATLAB. However, the solutions of the Reynolds equation supply only two-dimensional 
results.  
The solutions of both the narrow spiral groove theory and the Reynolds equation are 
useful for performance estimations and preliminary designs but are not accurate in 
elucidating the three-dimensional flow dynamics in the gap between two seal faces [50]. Nor 
can it capture non-traditional velocity profiles that arise between the rotor and stator as a 
result of large centrifugal and inertial forces caused by the increased gas density [21]. 
Therefore, Computational Fluid Dynamics (CFD), which incorporates real gas models is 
required to accurately predict the fluid behavior in the dry gas seal operating with dense 
fluids such as supercritical CO2. 
Some studies are available in the literature, which deal with the three dimensional 
Reynolds Averaged Navier Stroke equation in elucidating the flow field in the gap between 
two seal faces using ideal gas models [23, 40, 43, 50-52]. Heshune [43] investigated the 
distribution of the hydrodynamic gas film pressure, opening forces and leakage rate in the gap 
of the spiral grooved dry gas seals at different face clearances. Shahin [51] studied gas seal 
performances using both spiral and different herringbone shape groove configurations at 
different rotational speed in forward and reverse rotation conditions. Shahin  [52] performed 
studies with constant depth grooves and with various taper grooves configurations. Bing [50] 
used both direct numerical simulation (DNS) and Reynolds-averaged Navier-Stokes (RANS) 
to study the three-dimensional flow dynamics in the spiral-groove dry gas seal. Hong [23] 
performed a comprehensive analysis to resolve the problem of simulating the complex CHT 
within the seal. Qiu and Khonsari [40] presented a three-dimensional thermo-hydrodynamic 
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CFD analysis to study the characteristics of an inward pumping spiral groove mechanical seal 
pair.  
 While insightful, these works do not address performance with highly dense and 
nonlinear properties of supercritical fluids. The design guidelines for the ideal gas dry gas 
seal has been well established and will are discussed next.  
Bing [50] used CFD for three-dimensional analysis of the spiral groove dry gas seal. 
The direct numerical simulation (DNS) and RANS method are used to analyze turbulence 
effect on the seal performances. The numerical models were validated with the previous work 
[24], and overall the good agreement is achieved for both methods. They also compared the 
conventional two dimensional Reynolds equations. The Reynolds equations suffered from 
significant calculation errors. They suggested that the solution of the Reynolds equations 
should be restricted to a certain extent in the guiding the design and analysis performances of 
the dry gas seal. 
 
2.2.1  Groove Styles 
 
There are numbers of the groove shape that have been developed for hydrodynamic pressure 
generations, and most of them have been patented [16]. The groove design used for the dry 
gas seal is available in both unidirectional and bidirectional forms. For the bidirectional 
groove designs, the hydrodynamic pressure is developed in both rotational directions 
allowing the seal to operate in both directions. Conversely, for unidirectional groove seal 
designs, the seal only works in the normal direction of the hydrodynamic pressure to be 
developed.  
Some of the bidirectional groove geometry includes Kaydon tapered ram, “Christmas 
tree,” triangular and T-slot shapes. The Kaydon Ring and Seal Company [53] has patented 
the Kaydon tapered ram groove geometry as shown in Figure 2.3. As shown in the Figure 2.3,  
the groove concept does not utilize the pumping effect in both rotational directions due to the 
partial radial feed groove in the circumferential direction. With the absence of the inward 
pumping feature, the hydrodynamic effect would probably be limited.  
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Figure 2.3: The Kaydon tapered ram bidirectional groove geometry [53].  
 
Goldswain [54] has patented the trapezoidal shaped groove, otherwise known as 
“Christmas tree” groove geometry as shown in Figure 2.4. Via both patent [54] and technical 
paper [55], they presented this type of geometry to give the lifting surface geometry 
alternatives to the unidirectional spiral groove lift geometry which would pump out all the 
gas if the seal operates in the reverse direction resulting in the seal failure. However, despite 
the lifting force generation capability, the load carrying capacity is inferior as compared to 
the spiral groove geometry due to the fluid cascading over the trailing edge of the grooves, 
rather being pumped directly to the inner groove and the ungrooved portions reducing the 
pumping effect hence the performance of the seal. 
 
Figure 2.4: The Christmas tree bidirectional groove geometry [54].  
  
 Victor [56] present and patented T-slot and triangular lift groove geometry as shown 
in Figure 2.5. The T-slot groove geometry does not have any angles; rather the design utilized 
the square and rectangular geometry. The design is similar to Kaydon’s tapered ram groove 
geometry [53] except it does not employ the tapered groove depth profile, therefore more 
simpler. However, due to the almost same concept as the Kaydon groove design, which has 
the less inward pumping feature, the load carrying capacity is less compared to the spiral 
groove design. The triangular groove design is a simplified version of Christmas tree 
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geometry. The entrance of the groove is very small relative to the overall groove geometry to 
keep leakage to a minimum. However, the groove can be starved of gas, thus limiting the load 
carrying capacity. The shape of the groove that almost similar to the “Christmas tree” also 
inherits the drawback of fluid cascading over the trailing edge of the grooves reducing the 
load carrying capacity.     
 
 
 
(a) (b) 
Figure 2.5: The bidirectional groove geometry, (a) the triangular [56] and (b) T-slot groove 
geometry [56].   
 
Stahley  [22] explained briefly in his book the advantages and the disadvantages of 
bidirectional and unidirectional gas seals. The author pointed out: 
 
i. The gas film stiffness generated by the unidirectional seal is three to fives times 
higher than the bidirectional. 
ii. The bidirectional seal can be operated in either direction of rotation. Although this is a 
distinct advantage, the bidirectional requirement is rarely necessary.  
iii. The bidirectional seal allows the same seal to be installed at either end of the 
compressor rotor hence preventing the assembly errors. Although this seems like a 
desirable feature, this is not a real advantage over unidirectional gas seal as the 
improper assembly can be prevented by the use of different locations or a different 
number of dowel pins on opposite dry gas seal. 
 
 Therefore, he concluded that the unidirectional design provides more reliable 
operations and in majority applications and the bidirectional design offers no real advantages 
over bidirectional seal unless reversing turbomachinery components is an absolute 
requirement. 
 Muller [57] explained the reasons of the higher hydrodynamic capability of the 
unidirectional seal. Firstly, more groove geometry can be fitted on the seal face thus allowing 
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more pumping effects. Secondly, in a bidirectionalseal, some part of the groove geometry has 
a reverse action thus lowering the local gas pressure due to the reduction of the pumping 
effect. 
Many unidirectional groove seal designs have been developed  (Figure 2.6) and 
discussed in the literature. However, the vast majority of the groove seal design were 
patented [16]. Some of the unidirectional groove geometries include the herringbone that that 
was used in the early work of Whipple [41], two part of spiral groove geometry patented by 
Shimizu [58], and the Rayleigh pad [59]. Today, the spiral groove dry gas seal is still the 
most widely used in mechanical seal applications today [23]. Therefore, it is the primary 
focus of the current work. Furthermore, as explained by the authors  [16, 24, 60], the spiral 
groove dry gas is more reliable and provides more real advantages over any other type of seal 
groove designs, either bidirectional or unidirectional. 
  
 
 
 
(a) (b) 
 
 
 
(c) (d) 
Figure 2.6: The unidirectional groove designs, (a) herringbone groove [61], (b) two part of 
spiral groove [58], (c) Rayleigh pad [62] and d) spiral groove.  
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2.2.2 Seal Gap Deformation 
 
Ideally, the gap formed between the stationary and rotating ring is constant and parallel. This 
has been a primary focus for seal designer to avoid the catastrophic failure due to the seal 
contact of both seal ring.  In reality during service, this is not the case, as the seal face is 
deformed either by the thermal load, pressure load, centrifugal effect or other conditions 
imposed on the ring or the assembly that carries the seal [17]. 
The deformation problems to the seal operation are end face contacting, excessive 
leakage rates, gas film instability, heat cracking, face rubbing, wear and all of which seriously 
affect the safety, performance and the lifetime of the seal. For example, to avoid the 
excessive leakage rates the magnitude of the distortion must not exceed about 1µm/mm along 
the seal face hence even a small distortion in micron scale can produce remarkable changes in 
the seal performances [57]. There is two common types of seal face distortion, convergent 
and divergent gap along with its corresponding pressure distribution curves are shown in 
Figure 2.7. The convergent gap is the gap decreases with the flow (i.e., from high-pressure to 
low pressure) whereas the divergent gap is the opposite.  
  
(a) (b) 
  
(c) (d) 
Figure 2.7: The seal face distortion [63]. (a) The side elevation view in clockwise distortion 
of divergent gap,  (b) The side elevation view of counter clockwise distortion of the 
convergent gap, (c) the hydrodynamic pressure distribution curves for divergent gap 
distortion and (d) the hydrodynamic pressure distribution curves for convergent gap 
distortion.  
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Lebeck [17] give a details explanations of the seal face deformations, and the most 
important causes of the seal face distortions can be summarized as follows: 
 
i. Axisymmetric loading: the seal ring face is subjected to some axisymmetric 
loading caused by the uniform pressure over some part of the body of the seal 
face. The distortion can either be divergent as shown in Figure 2.8(a) or 
convergent type (Figure 2.8(b)). This is one of the common and important 
types of seal face distortions, but the design can be avoided and minimized if 
the radial taper is zero.  
ii. Non-uniform temperature:  the homogeneous and isotropic material cause no 
geometric distortion but this uncommon in reality as the seal temperature 
distributions are always non-uniform predominantly in axial or radial 
direction. The well known and most understood is an axial type of 
temperature gradient causing the radial taper as shown in Figure 2.8(b). This 
is the greatest part of the radial taper cause. However, a radial temperature 
gradient may set up stress that causes distortion or localized expansion on the 
seal face.  
 
 
 
(a) (b) 
Figure 2.8: The uniform radial [17] face taper caused by (a) the axisymmetric pressure and 
(b) axially non-uniform temperature distribution. 
 
For the rotating component of the seal, the seal distortion (Figure 2.9) due to 
centrifugal force is caused by the angular velocity difference from inner to outer edge. As 
shown in Figure 2.9, the centrifugal effect causes the divergent gap.  
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Figure 2.9: Typical distortion of seal seat due to centrifugal force [25]. 
  
Numerous thermal-induced seal distortions [25, 64-66] are studied than the pressure-induced 
[66] distortion where thermal distortion is shown to be significant [65, 66]. 
 Blasiak [64] proposed mathematical model to described the thermal deformation 
processes in the non-contacting seal. Using water as fluid medium, he showed that the 
thermal deformation caused the convergent gap with different sealing rings thickness and 
angular velocity as shown in Figure 2.10. The thermal deformation for different sealing rings 
thickness showed relatively comparable results for both sealing rings. As the rotation speed 
increases, the thermal deformation increased caused by the increase of heat flux generation. 
For both cases, the highest displacements were found to occur in areas of the maximum 
heating, along the inner radius. 
Li [65] analyzed the mainly thermal deformation of mechanical face seal as the 
mechanical deformation (i.e. pressure) is found to be small. The deformation and 
temperatures field are solved numerically using NASTRAN.  Using water as the fluid 
medium, the thermal deformation could distort the sealing rings with an amplitude of 2 µm 
for stationary ring and 0.75 µm for rotating seat. The convergent gap due to the thermal 
deformation under various material configurations is shown in Figure 2.11. The highest 
displacements were found to occur in areas of the maximum heating at the seal outlet. 
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(a) (b) 
  
(c) (d) 
Figure 2.10: The thermal deformation [64], (a) stator deformation for different ring thickness, 
(b) rotor deformation for different ring thickness, (c) stator deformation for different speed 
and (d) rotor deformation for different speed. 
  
 
Figure 2.11: Axial displacement of sealing rings due to the thermal deformation for various 
materials [65]. 
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 Doust and Parmar [66] used finite element method and experiment to study the 
distortion of mechanical face seal. A technique for measuring pressure and thermal distortion 
is demonstrated for the first time. The outer diameter is the sealed pressure and the 
atmospheric pressure acts on the inside diameter. Using oil as fluid medium, they showed that 
the pressure-induced deformation for both seat (rotating ring) and face (stationary ring) result 
in a convergent gap under 3000 rev/min. A good agreement between the theoretical and 
experimental data is achieved. They defined the seal rotation either  towards the gap (i.e., 
toward the service sealed pressure) or away from the gap (i.e., toward atmosphere) as shown 
in Figure 2.12. The seat is the rotor and the face is the stator. In general, they showed that the 
stationary ring creates a divergent gap and the rotating ring generates a convergent gap. The 
net effect being a convergent gap. Effectively, the convergent or divergent gaps can be 
generated by different mountings, designs or restrained types of the sealing rings. 
 
 
Figure 2.12: Theoretical and experimental pressure rotation of the seal interface at various 
sealed pressure [66]. 
.  
2.2.3 Design Recommendations 
 
Cheng et al. [60] presented performance comparisons of the spiral groove to other methods of 
load support, such the shrouded Rayleigh step profile, hydrostatic orifice compensated seal, 
hydrostatic stepseal, and hybrid spiral groove seal.  Static stability and pressure generation 
expression were developed to estimate the effectiveness of hydrodynamic to hydrostatic load. 
The key important conclusions are: 
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i. A positive film stiffness is needed to achieve a stable fluid film in a non-contacting 
face seal. This can be derived either from the hydrostatic or hydrodynamic load. 
ii. The ratio of achievable hydrodynamic and hydrostatic load is a function of seal width, 
surface speed, fluid viscosity, pressure differential, and operating film thickness. 
iii. The shape of the film gap has a critical influences on film stiffness, stability, and 
leakage rate. A convergent gap (i.e. the film thickness decreases with the flow) gives 
rise to a positive film stiffness hence good stability. On the other hand, a divergent 
gap leads to unstable film stiffness leading to surface rubbing. However, an excessive 
convergent gap is undesirable because it opens up the gap, leading to reduce of a film 
stiffness and increase the leakage rate. 
iv. Positive film stiffness can be achieved by all seal configurations:  hydrostatic step 
seal, shrouded Rayleigh step seal, orifice compensated seal or hybrid spiral-groove 
seal. The optimum seal performance can be achieved by operating near maximum 
stiffness at the smallest operating gap possible. The spiral groove seal can avoid 
negative film stiffness if the groove is located on the high-pressure side of the seal. 
Hence, when pumping the fluid to the low-pressure side a better film stiffness is 
achieved. 
 
Cheng et al.[67] made an extensive comparison between the spiral groove to Rayleigh 
step face profiles and concluded the following: 
i. Both the spiral groove and the Rayleigh step profiles can be used to achieve a 
substantial positive film stiffness, resulting in a stable film stiffness. 
ii. For conditions where the effect of turbulence and fluid inertia are insignificant, the 
Reynolds equation can be readily used and extended to determine the load, pressure, 
moment, leakage rates and film stiffness for parallel (constant film thickness), 
convergent, and divergent gaps. 
iii. The film stiffness and leakage rate characteristics depend greatly on where the spiral 
grooves are placed. Grooves positioned on the high-pressure side give greater positive 
stiffness but a higher leakage rate. Conversely, positioned on the low-pressure side, 
the hydrodynamic action is weak because it produces a negative stiffness hence 
hydrodynamic action is weak and undesirable.  
iv. the comparative analysis suggests that the difference in stiffness and leakage Rayleigh 
step and spiral groove is small at the design point. Hence, the spiral groove seal has a 
higher tolerance to coning or dishing. 
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Sedy [68] presented a paper on the improved performance of film riding gas seals 
through enhancement of the hydrodynamic effects. He used the Muijderman [42]  model to 
predict the pressure distributions across the seal surface. He suggested that to reduce the seal 
leakage at high operating pressure and speed; the seal should be operating in the laminar flow 
regime, where the effects of turbulence and sonic flow at the exit can be avoided. One of his 
suggestions are to use the smaller operating gap and/ or a wider seal dam to lessen the cooling 
effect of the expanding gas. The smaller operating gap also meet the higher stiffness 
requirement of the dry gas seal. He also stated that for optimal performance of the seal, it is 
essential for the opening force to increase sharply, as the film gap decreases to prevent the 
sealing face contact during operation. He also stated that increasing hydrostatic lift alone is 
not sufficient as the opening force and film stiffness. The hydrodynamic lift is required to 
prevent the face to face contact. In term of design guideline, he suggested: 
 
i. higher balance ratio 
ii. wider sealing dam 
iii. wider overall face width 
iv. modified carbon sealing ring cross section 
 
Gabriel [24] explained the basic principles of seal operation and the effects of the 
normal operating conditions and design parameters have on single seal arrangement. Some of 
the important points stated are: 
 
i. A converging gap can be achieved with the spiral groove geometry. A converging tilt 
may be achieved with other groove geometry such as tapered pads, arc pad or 
Rayleigh pad, the spiral groove seal has more uniform pressure distributions, more 
flexible and has better developed theoretical models. The spiral groove has high 
positive stiffness.  
ii. The static seal balance should be more than 60%. This leads to a low leakage rate and 
a stable seal under full operating conditions. The seal balance is greatly affected by 
the outer  and balance diameter. The static seal balance in spiral groove seals is 
expressed as: 
𝑆𝐵 =  
𝑑𝑔
2 − 𝑑𝑏
2
𝑑𝑔
2 − 𝑑𝑖
2  
(2.1) 
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iii. The variables affecting the seal performance can be broken down into two categories. 
One areseal operating conditions consisting of pressure, rotational speed, gas viscosity 
and temperature. The other are design parameters consisting of spiral angle, groove 
depth, land width to groove width ratio, groove width to dam width ratio, seal face 
width, and static seal balance based on the operating conditions of the seals.  
iv. Greater pressure distribution can be generated by larger spiral grooves with 
correspondingly smaller land to groove width ratio, but this will increase seal leakage 
rate. Alternatively, smaller spiral angle with larger land to groove width ratio will 
minimize leakage, but lower pressure generation.  
v. For spiral groove dry gas seals, a groove angle between 10 and 30 degrees with a land 
to width ratio near unity has been demonstrated to be a practical compromise between 
seal leakage and performance through analysis and testing. 
vi. Through proper selection of geometry and support point for the seal ring, a near non-
zero moment design can be achieved for the rotating ring.  
 
Qiu and Khonsari [40] performed a three-dimensional thermohydrodynamic CFD 
analysis to study the characteristics of an inward pumping spiral groove seal pair. It was 
found that thermal behavior plays an important role in the overall performance of a spiral                                                                                                                                                                                                                                                                                                                                                                                                                                                                    
groove dry gas seal. The grooves have a significant influence on the seal temperature, leakage 
rate, and load carrying capacity. Increasing the groove depth results in lowering the seal 
temperature, load-carrying capacity, and the leakage rate. Increasing the groove-to-dam ratio 
increases the leakage rate but also seal temperature and decreases the seal’s load-carrying 
capacity. Increasing the groove-to-land ratio increases the seal’s load-carrying capacity and 
also the seal’s temperature but does not have much influence on the leakage rate. Increasing 
groove spiral angle results in increasing the seal temperature and decreasing leakage rate but 
the load-carrying capacity will decrease dramatically. Because the specific requirement for 
each seal is different, seal optimization is dependent on the application and requirement of 
each seal. 
Thatte and Zheng [49] analyzed the hydrodynamic characteristics of spiral groove gas 
Their key points are: 
 
i. The hydrodynamic pressure superimposed with the hydrostatic pressure creates the 
net axial forces that enables the seal faces to separate. 
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ii. Increasing the spiral angle increases the hydrodynamic force generations and the film 
stiffness thus increasing the dynamic tracking capability of the seal. 
iii. Increase the groove depth leading to higher load carrying capacity which is caused by 
the large increase in positive hydrodynamic pressure zones as the flow jumped from 
the transition of the deeper groove to the land region. 
iv. Increase dam width ratio increases the hydrodynamic pressure beyond the hydrostatic 
baseline thus leading to larger film stiffness. This effect is more pronounced at larger 
spiral angles. 
 
Weibing et al. [69] used thermo-elastic deformation theory and finite element analysis 
to resolve and analyze thermal, structural coupling of T-shape groove dry gas seal. The one 
way coupled finite element method is used to generate the deformation due to the thermal 
stress for the applied boundary conditions. The results showed that the rotating ring has a 
positive conicity or divergent gap whereas the stationary ring has negative conicity or 
convergent gap. The divergent gap observed on the rotating ring could be a major contributor 
for seal failure.  It also experiences much higher deformation, compared to the stationary 
ring. The larger thermal distortion of the rotating ring will destroy the stability of the gaseous 
film.  
Sedy [63] patented a design for a self-aligning spiral groove face seal that neutralize 
and minimize seal face distortion. In his invention he recommends the seal to have the 
following parameters to maintain sufficiently parallel alignment: 
 
i. The dam to width ratio between approximately 0.5 – 0.8 defined as : 
𝐷𝑊𝑅 =  
𝑑𝑔
2 − 𝑑𝑖
2
𝑑𝑜
2 − 𝑑𝑖
2 
(2.2) 
 
ii. Abalanceratio between approximately 0.8 and 0.9 defined as: 
𝐵 =  
𝑑𝑜
2 − 𝑑𝑏
2
𝑑𝑜
2 − 𝑑𝑖
2  
(2.3) 
 
iii. A groove depth of between approximately 0.0001 – 0.0003 in (2.54 – 7.62 µm). 
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2.2.4 Conjugate Heat Transfer Simulation of Dry Gas Seal  
 
Hong et al. [23] performed a comprehensive three-dimensional simulations to resolve 
complicated CHT and gas film flow analysis for a spiral groove dry gas seal, using the 
commercial computational fluid dynamic software. The models used are shown in Figure 
2.13. The first model (Figure 2.13(a)) assumed an isothermal boundary condition on the film 
wall of the stationary and rotating ring to calculate the heat generation in the gas film.  
 The heat generation was then used in the preliminary model (Figure 2.13(b)) to 
calculate the heat transfer coefficient on the outer surface of the seal rings with a uniform 
incoming velocity of 5 m/s. In their analysis, W1 and W2 were set as coupled surface for 
CHT analysis, W3 was set as a fixed ambient temperature boundary condition, while the W4 
and W5 were set as adiabatic walls.  The heat transfer coefficient calculated on W1 and W2 
are then used as boundary conditions in the detailed model (Figure 2.13(c)) for CHT analysis. 
From comparisons of a series of simulation results, they found that these three steps effective. 
The simulation results were in reasonable agreement with analytical data from previous 
literatures.  
  
(a) (b) 
 
(c) 
Figure 2.13: The three CFD models for simulation of dry gas seal [23], (a) isothermal model, 
(b) preliminary model and (c) detailed model.  
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(a) (b) 
Figure 2.14: The heat transfer coefficients on the dry gas seal [23], (a) heat transfer 
coefficients on the stationary wall (W1) and (b) heat transfer coefficients on rotating wall 
(W2). 
 
They suggested that the empirical formulas are not reasonable at high rotating speed 
for calculating the heat transfer coefficient on the rotating wall. This effect is most prominent 
for larger film thickness, as shown in Figure 2.14(b). However, the empirical formula is 
reasonable for the stationary wall as shown in Figure 2.14(a).  Thus, the thermal flow of the 
dry gas seal for the flow convection wall of the dry gas seal walls should be calculated and 
simulated directly. 
Thatte and Dheeradhada [11] performed the coupled physics performance predictions 
and risk assessment for dry gas seal operating in the MW-scale supercritical CO2 turbine. The 
models incorporated a real gas equation of state to capture the nonlinearities and 
discontinuities of fluid and thermal properties neat the critical point. A local flow reversal in 
the land region was observed. The local perturbations in fluid density can generate significant 
variations in Mach number than can further enhance the risk of phase change in the dry gas 
seal. The thermal deformations are caused by the high supercritical CO2 viscous shear and 
extremely high heat transfer coefficient. 
  
2.2.5 Centrifugal Effects  
 
Garratt et al. [70] derived a modified Reynolds equation for compressible flow to model the 
fluid dynamics of pressurized air bearings in a simplified axisymmetric geometry. The 
formulation incorporates the effect of centrifugal inertia for high-speed and steady-state 
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analysis operation with a fixed rotor–stator clearance. The load-carrying capacity of the thrust 
bearing is assessed for both inward and outward pressurization. The flow characteristics are 
seen to depend on the level and direction of pressurization and rotational speed as shown in 
Figure 2.15 and 2.16. For outward pressurizes configuration, no-net flow is achieved at a 
critical shaft speed by the balancing act of the inertia and pressurization effects.  
 
The centrifugal inertia force acts toward the outer radii while the pressurization effect 
act in the opposite direction to the inward pumping pressurization. For sufficiently high 
rotational speeds, the outward flow is observed to decreases the pressure across the thrust 
bearing as shown in Figure 2.16. The act of the centrifugal force toward the outer radii cause 
the reductions in leakage rate. 
 
 
Figure 2.15: The flow streamlines as the rotational speed increase from (a) to (d) from 
inward pressurization cases (high-pressure side on the right to low pressure side on the 
left). The rotor is at the bottom and stator at the top [70]. 
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Figure 2.16: The pressure profiles in an inward pressurized bearing as the speed increases 
from top to bottom pressure profiles using two dimensional Reynolds equation [70]. 
 
2.2.6 Determination of Flow Conditions in Seal 
 
Brunetière et al. [71] presented the influence of fluid flow regime on performances of non-
contacting fluid face seals. They determined the fluid flow regime using a flow factor, that 
takes account both Couette flow (i.e. flows in the circumferential direction), and Poiseuille 
flows (i.e.flows in the radial direction), as shown in Figure 2.17. The flow factor a is 
calculated as [71]: 
 
𝑎 = √(
𝑅𝑒𝑐
1600
)
2
+ (
𝑅𝑒𝑝
2300
)
2
 
(2.4) 
 
The transition to turbulence is governed by both Couette (Rec) and Poiseuille (Rep) 
Reynolds numbers. The fluid state is turbulent for flow factor greater than one and laminar 
when factor flow less than 0.5625. Despite their experiments having been conducted with 
water it is expected that a similar transition point can be expected for supercritical fluids and 
gases. This is due similar geometry a phenomenological similitude between the respective 
flows. However for operation very close to the critical point, where phenomena such as 
buoyancy become significant (not present in water case or currently considered supercritical 
CO2 applications) a break-down of the relationship would be expected. 
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Figure 2.17: Presentation of flow factor in term of respective Reynolds number [71].  
 
2.3 Seal in the Supercritical CO2 Power Cycle  
 
Many supercritical CO2 power cycle design suggests or employed the film-riding end seal 
such as dry gas seal to minimize the shaft leakage [10]. Due to the high density of 
supercritical CO2, the volumetric flow in the turbomachinery component is low results in the 
small machinery size and high rotational speeds. For example Figure 2.18 shows the ranges 
of compressor and turbine sizes and speeds for different power capacities. For demonstrations 
in the 1-10 MWe range turbine speeds in the range 10000 to 30 000 rpm are expected. 
 
 
Figure 2.18: The typical ranges of compressor and turbine sizes for different power capacities 
of supercritical CO2 power cycles [10]. 
 
Several shafts and turbomachinery configurations exist for transmitting power 
between the turbomachinery component such as turbine or compressor and to any 
generators/motors. The simplest solution is to package all the turbomachinery elements 
including the generators at high-pressure, which eliminates the need of the seals. However, 
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this results in high windage loss in the motor cavity [10, 13]. Therefore, the use of seals is 
required to separate high-pressure and low-pressure regions in supercritical CO2 systems. 
Figure 2.19 shows the sealing location for different shaft and turbomachinery configurations. 
This results in variety of sealing location configurations. 
. 
 
Figure 2.19: The example of turbomachinery layout and seal locations in supercritical CO2 
cycle [72]. 
 
There are several existing supercritical CO2 cycle prototype in research facilities and 
or commercial test loop currently available. The most widely known supercritical CO2 cycle 
prototype are of the 100 kWe and 125 kWe scale, installed in the Integrated System Test 
(IST) at the Naval Nuclear Laboratory [19] and in the supercritical CO2 Brayton loop at 
Sandia National Laboratory [5, 13]. The other test loop includes the 1 kWe and 100 kWe 
Korea Institute or Energy Research (KIER) test loop, and Southwest Research Institute 10 
MWe-scale prototype. 
Sandia National Laboratories [5, 13, 26, 35] employs the use of two turbine-
alternator-compressor (TAC) unit. One turbine is used to drive the main compressor and the 
other to drive the larger compressor. The test loop operates at 75000 rpm. The IST test loop 
was designed for simple recuperated cycle and consist of a 75000 rpm TAC unit, with one 
operating with a compressor and the other operating without a compressor. The operating 
conditions are summarizes in Table 2.1. The compressor pressure outlet ranges from ~14.1 
MPa - 16.6 MPa, and the turbine ranges from ~8.3 MPa - 9.6 MPa. The cold compressor inlet 
temperature ranges from ~32 oC to 60 oC, which is close to critical point, whereas the hot 
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turbine inlet temperature range from ~300 oC to  538 oC. These conditions are typical for 
anticipated supercritical CO2 cycles. In the this TAC prototype labyrinth seals are used on the 
rotor inboard of the turbine and compressor wheels (i.e. turbine or compressor outlet) and 
abradable  bushings are used to create a barrier between the high pressure loop and the low-
pressure motor-generator cavity.  They suggest that more complex dry gas seals, which are 
likely to have one order of magnitude less leakage than the labyrinth seals could be used in 
the future to reduce performances loss and to increase power cycle efficiency. 
 
Table 2.1. The SANDIA and IST operating conditions [10].
 
  
 KIER [73, 74] has constructed and commissioned 100 kWe a simple recuperated 
Brayton cycle with a 12.6 kWe 70,000 rpm TAC unit with shrouded wheels, gas foil bearings 
and labyrinth shaft end seals. The turbine design operating  conditions are 13 MPa and 180 oC 
although published test data are limited to 8.5 MPa and 83 oC and maximum speed in 
supercritical CO2 of 30,000 rpm. A 1 kWe test loop has also been commissioned, with two 
motor-driven reciprocating pumps and a 200000 rpm turbogenerator unit composed of a 
single-stage 22.6 mm radial turbine isolated from the low-pressure by labyrinth shaft seals. 
The turbine inlet operating conditions are 13.0 MPa and 500 oC. The initial testing has been 
described where the turbine was motored to 140,000 rpm on a cold-run test. 
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(a) (b) 
Figure 2.20: Korea Institute or Energy Research 12.6 kWe turbomachinery, (a) turbine-
alternator-compressor unit and (b) turbine and compressor components [73, 74]. 
 
 General Electric (GE) Global Research Center and Southwest Research Institute 
(SwRI) [10] has designed the largest existing supercritical CO2 cycle prototype to date 
consisting of a 10 MWe (14 MWe shaft power) axial expander. Design inlet/exit pressure and 
inlet temperature are 25.1/8.6 MPa  and 715 oC. However, the turbine will be tested at a 
smaller size equivalent mass flow  of 1 MWe,  due to budget limitations for the test loop test 
prototype employs reduced-area nozzle and blade flow passages to maintain design 
velocities. The turbine, has a design speed of 27,000 rpm and is couple to a compressor and a 
generator as shown in Figure 2.21.  Here a dry gas seal is utilized  to separate the high-
pressure region inside the turbine region from the oil-lubricated tilt-pad journal bearings.  
Due to the much reduced speed, a commercially available seal design suitable for this turbine 
operating speed and shaft diameter is used. The seal is injected with high-pressure cold flow 
to control the seal operating temperature and to avoid damage to the seal components. This 
due to low-temperature limit of the secondary seal within the dry gas seal (much lower than 
turbine inlet temperature). For example, the maximum allowable seal temperature accepted 
by the most dry gas seal manufacturers between 200-230 oC [10], and the turbine temperature 
inlet is high around 715 oC. This supercritical CO2 dry gas seal has been successfully 
operated at full design pressure and rotational speeds at temperatures up to 550 oC with 
higher temperature testing currently underway [5]. 
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2.21: The General Electric and Southwest Research Institute supercritical CO2 rotor design 
[10]. 
 
 Moore et al. [75] describes the commissioning and initial testing of a 10 MWe turbine 
verification of pressure containment, thermal management, rotor dynamics and aerodynamic,  
mechanical design, shaft-end and casing seals, couplings and bearings. A new high 
temperature ( > 700º C)  expander turbine was developed for use a supercritical CO2 closed-
loop recompression Brayton cycle.  
 
2.4 Summary 
 
The three dimensional CFD incorporates ideal gas, has been used extensively studied to 
predict either the fluid or thermal behavior in the dry gas seal. However, the three 
dimensional CFD analysis for the dry gas seal which incorporates real gas models, is scarce. 
Thus, it does not capture non-traditional velocity profiles that arise between the rotor and 
stator as a result of large centrifugal and inertial forces caused by the increased gas density 
[20, 21, 76]  and real gas effect such as supercritical CO2. To date, the design guideline for 
the dry gas seal operating with ideal gas, are well established. However, the centrifugal effect 
studies in the dry gas seal is still scares for both ideal and real gas. The commercially 
available dry gas seals require more development for supercritical CO2 Brayton cycles power 
plant system due to its size and fluid properties.  Studies in the literature on the  supercritical 
fluid dry gas seals are still missing clear descriptions and characterization of how the real gas 
properties and high density of the supercritical fluid near the critical point affect the 
performance and operability of dry gas seals at operating points typical for supercritical CO2 
Brayton power cycle.  
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CHAPTER 3 
SELECTION OF NUMERICAL MODELS FOR SIMULATION OF DRY GAS 
SEAL OPERATING WITH SUPERCRITICAL FLUID 
 
3.1  Introduction 
 
Comprehensive analysis is performed to resolve the problem of simulating the supercritical 
CO2 dry gas seal. First, a model using isothermal model sealing ring walls is performed using 
ANSYS Fluent to study the real gas effect and the flow behaviour of supercritical CO2 on the 
dry gas seal performances. This used a geometry from previous work that used air as a fluid 
medium. The heat transfer in the sealing rings is an important aspect of the CHT than the 
isothermal assumption on sealing rings wall which the constant temperature is assumed on 
the wall and the heat rejection is not considered. Next, the CHT is simulated for seal face 
geometry optimization using the small-scale dry gas seal geometry for the small to median 
scale supercritical closed loop Brayton cycle (1-20MWe).  
 Similarly, ANSYS Fluent finite volume method is used to resolve the fluid-thermal 
interaction of the coupled simulation (i.e., two-way coupling) for the sealing ring and the gas 
film flow. Finally, the pressure and the thermal outputs from the CHT analysis are used as 
boundary conditions for the one way coupling for the fluid-structure-thermal interaction using 
the finite element method of ANSYS Steady State Thermal model and ANSYS Static 
Structural model to study the effect of deformation of the sealing rings under applied 
pressure-loads, thermal-loads or centrifugal effect.  
 
3.2  Fluid Governing Equations  
 
The numerical simulations are performed using the CFD package ANSYS Fluent version 16 
[77]. The fluid is simulated using the Reynolds Averaged Navier Stokes (RANS) equations, 
applied to a rotating system. For the single rotating reference frame simulation, the governing 
equations based on relative velocity are given by [77]: 
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Figure 3.1: Stationary frame and rotating reference frame [77].  
 
i. Mass conservation: 
∇ ∙ (𝜌?⃑?𝑟) = 0 (3.1) 
 
Where 𝜌 is density and ?⃑? is fluid velocity, (Figure 3.1) from the inertial or stationary frame 
that can be transformed to the rotating reference frame defined as: 
 
?⃑?𝑟 = ?⃑? − ?⃑⃑?𝑟 (3.2) 
 
?⃑⃑?𝑟 = ?⃑⃑? × 𝑟 (3.3) 
 
The relative velocity, ?⃑?𝑟 is the velocity viewed from the rotating reference frame, ?⃑?𝑟 is the 
absolute velocity viewed from the stationary reference frame and  ?⃑⃑?𝑟 is the velocity due to the 
moving frame known as whirl velocity.  
 
ii. Conservation of momentum: 
 
∇ ⋅ (𝜌?⃑?𝑟?⃑?𝑟) + 𝜌(2?⃑⃑? × ?⃑?𝑟  +  ?⃑⃑? × ?⃑⃑? × 𝑟) =  −∇𝑝 +  ∇𝜏̿𝑟 (3.4) 
 
Two acceleration terms are added in the second term on the left-hand side: the centripetal 
acceleration (?⃑⃑? × ?⃑⃑? × 𝑟) and Coriolis acceleration (2?⃑⃑? × ?⃑?𝑟). 𝜏̿𝑟 is viscous stress in the 
relative velocity derivative defined as: 
 
𝜏̿𝑟 =  𝜇 [(∇?⃑?𝑟 + ∇?⃑?𝑟
𝑇) −  
2
3
∇ ∙ ?⃑?𝑟𝐼] 
(3.5) 
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Where 𝜇 is the fluid viscosity, 𝐼 is the unit tensor. The last term on the right hand side is the 
effect of volume dilation.  
 
iii. Conservation of energy: 
 
∇ ⋅ (𝜌𝐻𝑟?⃑?𝑟)+ =  ∇ ∙ (𝑘∇𝑇 + 𝜏̿𝑟 ∙  ?⃑?𝑟) (3.6) 
 
Where 𝐻𝑟 is the relative total enthalpy or rothalpy defined as: 
 
𝐻𝑟  =  𝐸𝑟 +  
𝑝
𝜌
 
(3.7) 
 
The relative internal energy is defined as: 
 
𝐸𝑟  = 𝒉 + 
𝑝
𝜌
+   
1
2
 (?⃑?𝑟
2 − ?⃑⃑?𝑟
2) 
(3.8) 
 
Where, 𝒉 is the sensible enthalphy.  
 
3.3  Solid Governing Equations 
 
The energy transport equation for the solid domain solved in ANSYS is defined as: 
 
 ∇ ∙ (?⃑?𝜌𝒉 ) = ∇ ∙ (𝑘∇𝑇) +  𝑆ℎ (3.9) 
 
Where 𝑘  is thermal conductivity, T is the temperature. The right-hand side of equation 3.9 
represent the heat flux due to heat conduction (∇ ∙ (𝑘∇𝑇)) and the heat source (𝑆ℎ) within the 
solid. The left-hand side represent convection energy transfer due to the translational or 
rotational motion of solids. The velocity ?⃑? is the computed velocity motion in the the solid 
zone.  The sensible enthalphy, 𝒉 is defined as:   
 
𝒉 =  ∫ 𝑐𝑝𝑑𝑇
𝑇
𝑇𝑟𝑒𝑓
 
(3.10) 
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For the structural solver, the linear deformation is used. The equation of motion is defined as:  
 
[𝑀]?̈? +  [𝐶]?̇? + 𝐾[𝑞] = [F] (3.11) 
 
Where 𝑞, ?̇? and  ?̈? is displacement vector and its derivatives, [𝑀], [𝐶] and [𝐾] are mass 
matrix, damping matrix  and stiffness matrix respectively and [𝐹] is the force vector due to 
the inertial load, fluid load or shear stresses. 
 
3.4 Ideal Gas 
 
For ideal gas simulations, the equation of state is: 
 
𝑃 = 𝜌𝑅𝑇 (3.12) 
 
3.5 Real Gas 
3.5.1 Equation of State 
 
For CO2 simulations, the Span and Wagner equation of state is employed with constants 
selected to suit real gas CO2 [78]. This equation of state has been selected due to its superior 
performance close to the critical point, where the accuracy is shown to be the same order as 
the uncertainty in experimental measurements [79, 80]. The technically most important 
region of pressure up to 30 MPa and temperature up to 523K, the reported uncertainties range 
of the model are 0.03% - 0.05%, 0.03% - 1%, 0.15 - 1.5% for density, speed of sound and 
isobaric heat capacity respectively [79]. The equation of state is interpreted as a fundamental 
equation in term of the Helmholtz energy  A, in the nondimensional form given by [79]: 
 
𝐴(𝜌, 𝑇)
𝑅𝑇
= 𝜙(𝛿, 𝜏) =  𝜙𝑜(𝛿, 𝜏) +  𝜙𝑟(𝛿, 𝜏) 
(3.13) 
 
 The two terms on the right hand side represent residual fluid contribution, denoted by 
a subscript, 𝜙𝑟and ideal gas contribution, denoted by a subscript 𝜙𝑜. The independent 
variable, reduced density, 𝛿 and inverse reduced temperature 𝜏 are defined as: 
 
𝛿 =
𝜌
𝜌𝑐
 
(3.14) 
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𝜏 =
𝑇𝑐
𝑇
 
(3.15) 
 
 The remaining thermodynamic properties are expressed as a function of energy  a 
Helmholtz energy with respect with density and temperature. For the CO2 simulations the 
fluid property database REFPROP, released by NIST [78, 81], is employed. This database is 
built on the Span and Wagner equation of state described above.  
 
3.5.2 Transport properties 
 
The auxiliary model for the viscosity, µ(ρ,T) and thermal conductivity, λ(ρ,T) are based on 
Vesovic et. al [82] defined as: 
 
𝑋(𝜌, 𝑇) = 𝑋𝑜(𝑇) +  ∆𝑋(𝜌, 𝑇) +  ∆𝑐𝑋(𝜌, 𝑇) (3.16) 
 
 The three terms on the second hand right side represents the zero-density limit of the 
property (𝑋𝑜(𝑇) where only two-body molecular interaction occur, an excess term ∆𝑋(𝜌, 𝑇) 
representing all other effects to the transport property due to increased density including 
molecular-velocity correlations, many-body collisions and collision transfer, and a critical 
enhancement term ∆𝑐𝑋(𝜌, 𝑇) due to increased fluctuations in the vicinity of critical point 
which contribute to divergence of both viscosity and thermal conductivity at that singular 
point. 
 The zero-density limit and an excess term have relatively straight-forward formulation 
using different exponents and constant coefficients. On the other hand, a critical enhancement 
term present more critical challenge due to the lack of experimental measurement near the 
critical point. Here, the singular point require the use of crossover function to blend with the 
smooth behaviour away from this point. The critical enhancement term are explicitly 
dependant on density and temperature, and implicitly dependant on correlation length of 
density fluctuations which require complicated iterative procedure to calculate due to 
divergence near critical point. The impact critical enhancement on the viscosity is weaker and 
is restricted to smaller region than the thermal conductivity. Over most of gas phase, the 
deviation of the formulation compared to experimental data does not exceed of more than 2% 
[80].  
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3.5.3 Implementation 
 
Span and Wagner equation of state is available in the CFD simulation using ANSYS 
FLUENT through REFPROP database. The non-linear form of real gas formulation requires 
an iterative approach. Since the equations are differentiable and continuous, Newton-Raphson 
method is utilized [80]. This method is fast and straight-forward, generally quadratic and 
convergence. The look-up table used in FLUENT improves the computational time by a 
factor of five than build-in REFPROP database [80].  
 
3.5.4 Compressibility Factor 
 
The compressibility factor, Z is also known as compression factor can be interpreted as the 
measure of fluid’s deviation from the ideal gas law [9] : 
𝑍 =
𝑃
𝜌𝑅𝑇
 (𝑖𝑑𝑒𝑎𝑙 𝑔𝑎𝑠) 
(3.17) 
 
For an ideal gas, the compressibility factor is close to unity [9, 80]. For real gas, the 
compressibility factor, Z is a function of density and temperature defined as: 
 
𝑍 (𝜌, 𝑇) =  1 + 𝛿 𝜙𝛿
𝑟 (3.18) 
 
Where  
𝜙𝛿
𝑟 =  (
𝜕𝜙
𝜕𝛿
)
𝑇
 
(3.19) 
 
3.6  Flow factor  
 
In practice fluid within the seal is subjected to shear driven and pressure driven flow. 
Therefore, the fluid flow is a combination of Couette flow in the tangential direction and 
Poiseuille flow in the radial direction.  
 To determine the fluid state more accurately, the flow factor, 𝑎 is used based on work 
from Brunetiere et al. [71]. The fluid flow is turbulent for a >1 and laminar when a <1 [81, 
83]. The flow factor a is calculated as [71]: 
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𝑎 = √(
𝑅𝑒𝑐
1600
)
2
+ (
𝑅𝑒𝑝
2300
)
2
 
(3.20) 
 
Where Rec and Rep are the Reynolds number for the circumferential Couette flow and radial 
Poiseuille flow respectively: 
 
𝑅𝑒𝑐 =   
𝜌𝜔𝑟ℎ
𝜇
 
(3.21) 
𝑅𝑒𝑝 =
𝜌𝑉𝑟ℎ
𝜇
 
(3.22) 
 
 Throughout the present research, the flow factor a >1 are present for all tested cases. 
Hence, the turbulent model is used for isothermal model (Chapter 4), CHT model (Chapter 5) 
and deformation model (Chapter 6). 
 
3.7 Logarithmic Spiral Geometry 
 
The groove shape is based on a logarithmic spiral as shown in Figure 3.2, defined by [40]: 
 
𝑟 = 𝑟𝑔𝑒
𝜃 tan (𝛼) (3.23) 
 
This shape ensures that at each point on the spiral curve the angle, 𝛼, between the moving 
direction and the tangent to the curve is the same. 
 
 
Figure 3.2:  Definition of logarithmic groove shape. 
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3.8 Isothermal Model 
 
This section describes the development and verification for fluid domain, isothermal modal 
used in Chapter 4. 
 
3.8.1  Geometrical Model 
 
Figure 3.3(a) and (c) show the basic geometrical parameters of the spiral groove dry gas seal. 
The rotary ring contains grooves with a depth hg, typically several microns in depth and 
rotates on its shaft. The geometry dimensions are summarised in Table 3.1.  
The computational fluid domain used to stimulate the flow behavior between the 
rotary and stationary wall of the dry gas seal is shown in Figure 3.3(b) and (c). The 
computational domain is magnified 1000 times in the axial direction to present the geometry 
and grid details. The computational grid is generated using the ANSYS meshing tools to 
generate a parametrically defined structured multi-block hexahedral mesh. As shown in 
Figure 3.3(c) the computational grid is more densely clustered near the inlet, groove end, and 
outlet to capture the critical flow details in these regions correctly. 
 
 
 
(a)  (b)  
 
(c) 
Figure 3.3: Basic geometry parameters of the dry gas seal, (a) schematic is showing dry gas 
seal rotor, (b) The enlarged fluid domain is showing boundary conditions and (c) 1/12 
segment of the fluid domain used for simulation. 
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Table 3.1: Dry gas seal geometry for isothermal model. 
 Value 
Parameters Validation case [24] Air and CO2 simulations 
Rotating ring inner radius, rri (mm) 58.42 58.42 
Stationary ring inner radius, rsi (mm) 58.42 58.42 
Rotating ring outer radius, rro (mm) 77.78 77.78 
Stationary outer radius, rso (mm) 77.78 77.78 
Groove root radius, rg (mm) 69.0 66, 69.0 
Spiral angle, α (degree) 15 15 
Ratio of groove to land, β 1 1 
Groove number, n 12 12 
Groove depth, hg (µm) 5.0 5.0 
Film thickness, h (µm) 3.05 3.05, 5.08 and 7 
 
 
3.8.2 Boundary and Operating Conditions 
 
Operation conditions used for the present research are presented in Table 3.2. The pressure 
inlet and pressure outlet boundary conditions are used for inflow and outflow of the 
computational domain respectively. The non-slip boundary condition is employed at the wall. 
The single rotating frame method is used for mutual movement between the rotating and 
stationary ring.  
 
Table 3.2: Operation conditions for isothermal model. 
Parameter Value 
 Validation case [24] Air and CO2 simulations 
Inlet pressure, Pi (MPa) 4.5852 8.5 
Outlet pressure, Po(MPa) 0.1013 0.1013 
Spin speed, ω (rpm) 10380 10380 and 30000 
Fluid medium Air Air and CO2 
Operating temperature (K) 
Fluid density at inlet 
(370 K and 740 K) 
303 
52.72 
370 and 740 
80.05 and 40.02 (Air) 
155.43 and 60.48 (CO2) 
Wall temperature (K) 303 370 and 740 
Viscosity (𝜇𝑃𝑎 ∙ 𝑠) 
(370 K and 740 K) 
 21.96 and 35.40 (Air) 
20.70 and 33.58 (CO2) 
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 The isothermal temperature boundary condition is employed along the rotor and 
stator, with the assumption that rotor and stator size of the present geometry are highly 
conductive and thus the generated friction heat is transferred out quickly so that the wall 
temperatures remain constant, a valid assumption as assumed by previous work [20]. In 
addition, the isothermal assumption is only applied in Chapter 4 with the intention to study 
the real gas effect on the performance of the supercritical CO2 dry gas seal using the 
geometry from the previous work and air as a comparison. Hence, the isothermal assumption 
is reasonable. 
The rotating periodic boundary condition is used to simulate only one-twelfth of the 
whole fluid domain due to the geometrical similarity in the circumferential direction to 
reduce computational cost. The steady, compressible RANS equations are solved using an 
implicit, segregated, three-dimensional finite volume method.  
A second-order accurate, upwind discretization scheme is utilized for both momentum 
and energy equation. Pressure-velocity coupling is implemented with the SIMPLEC 
algorithm to solve the resulting algebraic equation system with the non-orthogonal correction 
to reduce the error due to the non-orthogonal meshes. The compressible ideal gas equation of 
state is used for air, whereas the REFPROP database [78, 81] is used for CO2. The shear 
stress transport (SST) k-ω turbulence model is used when solving the RANS equations. To 
accurately capture the fluid flow close to the wall region, a mesh with the first cell height 
located at a y+ < 3 is employed. The selection of these numerical model parameters and 
schemes will be further discussed in the next sections. 
 
3.8.3 CFD Validations and Verifications 
3.8.3.1 Grid Dependency Study. 
 
To ensure the accuracy of the numerical model, a grid dependence study is conducted for four 
type of meshes resolutions, ‘Very coarse’ (0.15 million), ‘Coarse’ (0.375 million). ‘Fine’ 
(0.75 million) and ‘Very fine’ (1.31 million). Figure 3.4 (a) and (b) shows the pressure 
distribution along a radial line from the inner to the outer edge of the seal (shown in Figure 
3.5) for the air validation case (i.e., T = 303 K, Pi = 4.5852 MPa, ω = 10380 rpm)  using the 
laminar governing equations and the k-ω SST turbulent model. It is observed that all type of 
meshes shows comparable results.  
A grid sensitivity study was also conducted for the CO2 operating condition near the 
critical point (i.e., T = 370 K, Pi = 8.5 MPa, ω = 30000 rpm)  for the lowest film gap where 
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the pumping effect is most intense. Figure 3.4(c) shows the comparison of pressure traces for 
the CO2 simulation. Again mesh independence exists for all meshes. Hence, to save 
computational cost the ‘Very coarse’ mesh is used for further analysis. 
For air,  good agreement with the previously computed work [24] is also demonstrated 
as shown in Figure 3.4(a) and (b) and Table 3.3 especially when the k-ω SST turbulent model 
is used. The maximum errors for peak pressure and total opening force are 2.6% and 5.59% 
respectively, as shown in Figure 3.4(a) and (b) and summarized in Table 3.3.  
 
  
(a) (b) 
 
(c) 
Figure. 3.4: Pressure distribution in the radial direction (extracted along line shown in Figure 
3.5) for turbulence and laminar models and different mesh refinements, h = 3.05 µm, (a) 
laminar flow model for air (ideal gas equation of state), (b)  k-ω SST turbulence model for air 
(ideal gas equation of state) and (c) k-ω SST turbulence model for CO2 (Span and Wagner 
equation of state). 
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Also, it is observed that the k-ω SST turbulent model has a better agreement in the 
groove region compared to the laminar flow as shown in Figure 3.4(a) and (b) and Table 3.3 
(i.e. which confirm that the peak pressure, Pg is more accurately predicted by the turbulent 
simulation). This is in agreement with the flow factor a, which is 1.9539 even for lowest film 
thickness h = 3.05 µm, suggesting that the flow in the seal is turbulent [71]. 
 
Table 3.3: The comparison between laminar and turbulent results to reference [24] for air. 
Cases Film gap, h 
(µm) 
Groove Pressure, Pg 
(MPa) 
ΔPg 
(%) 
Opening force, Fo 
(N) 
ΔFo 
(%) 
Laminar 3.05 4.70339 2.62 31367.0304 5.43 
k-ω SST 3.05 4.81562 0.30 31315.3092 5.59 
 
 
Figure 3.5: Schematic of seal groove, showing line along which data is extracted for 
comparisons and point for comparison of groove end conditions. 
 
 
3.8.3.2 Turbulent Model 
 
As the flow in the groove is turbulent and the flow factor a > 1 even for 
the smallest gap height for the present flow condition, the flow state must be considered 
as turbulent. The choice of turbulence model is not universally accepted for all classes of the 
problems as turbulent model are suited for different applications. The selection of turbulence 
model depends on physics of the flow and the level of accuracy required, the available 
computational resources, and the time available for the simulation [77]. 
To select the most appropriate turbulence model, three turbulent 
models are compared to the previously computed data as shown in Figure 3.6. Only two-
equation models, the k-ϵ turbulent and k-ω turbulent models are chosen due to their 
superiority over one equation turbulent models and as they are the most widely used 
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turbulence models in industrial CFD [84, 85]. The standard k-ϵ or k-ω have their weaknesses 
[84, 85]. Hence, the non-standard turbulent models k-ϵ RNG, k-ϵ Realizable and k-ω SST, 
which generally overcome the limitations and weaknesses of the standard turbulence model, 
are chosen for the turbulence model comparison. The laminar flow results are included as 
reference.  
The results indicate that all three turbulent models have comparable results. The radial 
pressure distribution of the turbulent model coincides better with the previous computed data 
compared to the laminar model, predominantly in the groove region as previously discussed. 
The errors of peak groove pressure, Pg  compared to the previously computed data are shown 
in Table 3.4 along with the opening force, Fo. The errors in peak groove pressure, Pg is less 
than 0.35% for all turbulence models. The laminar model has a high error of 2.62%. 
Therefore, this signifies that the flow is turbulent in the groove region as previously reported 
reported [2]. The opening force almost is comparable for all flow prediction. The k-ϵ 
turbulent model is roughly 30% more computationally expensive than the k-ω SST turbulent 
model due to slower convergence rate as shown in Table 3.4. Hence, the shear stress transport 
(SST) k-ω turbulence model is preferable when solving the RANS equations and this further 
shown it best suits the present applications. The convergence criterion of 10-6  is utilized in 
the present simulation.  
 
 
 
Figure 3.6: Static pressure distribution in the radial direction (extracted along line shown in 
Figure 3.5) of air for laminar and different turbulent model in comparison with previously 
computed data at h = 3.05 µm.  
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Table 3.4: The comparison of peak groove pressure and opening force with previously 
computed data [24] for different turbulence model for air. 
 
Cases Pg 
(MPa) 
ΔPg 
(%) 
Fo 
(N) 
ΔFo 
(%) 
Wall-clock 
time (Hours) 
Laminar 4.70 2.62 31367.03 5.43 1.0 
k-ω SST 4.82 0.30 31315.31 5.59 2.1 
k-ϵ RNG 4.81 0.35 31324.81 5.89 2.9 
k-ϵ Realizable 4.81 0.35 31231.13 6.20 2.8 
Reference [24] 4.83 0 33168.70 0 - 
 
The higher discrepancy in the groove region  between simulation and previously 
computed data can be attributed to the non-uniform pressure distribution in the 
circumferential direction as shown in Figure 3.7.  
 
 
  
Figure. 3.7: Pressure distributions of air (ideal gas equation of state) for k-ω SST turbulent 
model, h = 3.05 µm. 
 
3.8.3.3  Near Wall Treatment  
 
It is inevitable that the turbulence models is significantly affected by the presence of the wall 
in the wall bounded flows. Near the wall, the solution variables have the large transports 
gradients that occur most vigorously [77]. Therefore, an accurate and appropriate near wall 
representation is an important aspect for the successful prediction of wall-bounded turbulent 
flows. Numerous experiments have shown that near-wall regions in turbulent flow can be 
subdivided into inner and outer region [84] as illustrated in Figure 3.8 and 3.9: 
 
1) The inner region consist of: 
i. Viscous sublayer: viscous stress dominates 
ii. Buffer layer: viscous and turbulent stress are of similar magnitude 
iii. Overlap layer/fully turbulent or log law region: Turbulent stresses dominate 
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2) The outer region: 
i. Outer layer: inertia-dominated core flow, free from the direct viscous effect 
 
Figure 3.8: Typical velocity profiles near a wall [86]. 
 
 
Figure 3.9: Experimental verification of subdivision layers in relation to the velocity 
profiles in near-wall turbulent regions plotted in semi log coordinate [77]. The x-axis is u+ 
and the y-axis is y+. 
 
𝑢+ is defined as [77]: 
𝑢+ =  
𝑢
𝑢∗
 (3.24) 
 
𝑢∗ is frictional velocity defined as [77]: 
𝑢+ =  
𝜏𝑤
𝜌
 (3.25) 
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𝑦+ is non-dimensional wall distance defined as [77]: 
 
𝑦+ =  
𝜌𝑦𝑢∗
𝜇
 
(3.26) 
 
 In the innermost layer, the fluid adjacent to the wall is stationary. Therefore, the 
turbulent eddies are suppressed very close to wall, fluid flow is dominated by the viscous 
effect, and the flow is laminar [3-5]. It is observed that the wall law is unique and the 
relationship between the velocity and the distance from the wall is linear, defined as [77]:  
 
𝑢+ =  𝑦+ (3.27) 
 
 This thin viscous sub layer produce the no-slip condition to about 𝑦+ = 5 [85]. 
Thereafter, the curves merge to overlap layer, where viscous and turbulent effects are both 
important. Here the velocity profiles is defined by logarithmic law (i.e. log-law) [77]: 
 
𝑢+ = 2.5 In 𝑦+ + 5 (3.28) 
 
Finally, in the outer layer, turbulence plays a significant role, in how the fully turbulent 
region and inertial dominated region far from the wall interact. 
Traditionally, there are two near wall treatment approach; one is to use wall functions, 
and the other is to use near wall models as shown in Figure 3.10. The wall function approach 
directly bridges the viscosity-affected region between the wall and the fully turbulent region, 
thus removing the need to modify the turbulence models to account for the presence of the 
wall [77, 84, 85]. Therefore, a coarse mesh can be used for certain first cell height 𝑦+value 
near the wall [77]. Despite the benefit of lowering the computational cost, wall functions can 
suffer from near-wall effects for flows through a small gaps or highly viscous flow, as may 
exist in the dry gas seals.  
Another approach is near wall modelling methods should be utilized. The near wall 
modelling approach requires a fine mesh resolution. The first cell height should have a 𝑦+ 
close to unity in order to resolve the viscous sublayer [25, 77, 84, 85]. Under certain 
conditions, a higher first cell 𝑦+ is acceptable, as long as it is within the viscous sublayer 
(𝑦+ <  5 [3]).  
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The near wall modelling is used for the present research.  A value of 𝑦+< 5 is used in 
the radial and tangential flow direction of stationary and rotating wall.  
 
Figure 3.10: The comparison between the wall-function approach and near-wall model 
approach for the near wall treatment [77]. 
 
The predictions for the boundary layer velocity profiles, for the ‘Very Coarse’ and 
‘Very Fine’ meshes are compared with the empirical velocity profile equations for gap height 
of h = 3.05 - 10 μm. The results are extracted at the point of r = 60 mm and  θ = 00. As 
described in section 3.6, the fluid flow for the dry gas seal is a combination of Couette flow 
in the tangential direction and Poiseuille flow in the radial direction. Hence, the 
dimensionless radial and tangential flow variables u+ are plotted against 1og10 (y+) until the 
middle of the gap where the inner region (Figure 3.9) in boundary layer lies as discussed 
next.  
Figure 3.11 and Figure 3.12 show the tangential velocity profile, compared to the 
analytical models for the viscous sublayer (Eq. 3.27) and logarithmic overlap layer (Eq. 3.28) 
for air and CO2  respectively. For air (Figure 3.11) and small operating gap of h = 3.05µm and 
of h = 5.08 µm,   the dimensionless velocity profiles falls within linear wall law of viscous 
sublayer. Then, as the flow is more turbulent when operating gap increases (h  > 5.08 µm), 
the dimensionless velocity profiles that lies within linear wall law of viscous near to the wall, 
gradually merges with the logarithmic overlap law line in the blended or buffer region. The 
tangential flow results also show a good agreement. At the low operating gaps of h = 3.05 µm 
and h = 5.08 µm, the results indicate that the boundary layer is still laminar therefore the 
dimensionless velocity profiles overlap with the linear wall law of viscous sublayer. In 
contrast, for CO2 (Figure 3.12), due to much higher Reynolds number as the gap increases, a 
similar pattern is observed with the air at the higher operating gap, but now the dimensionless 
velocity profiles gradually merge with the logarithmic overlap law for the all operating gap. 
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This confirms that the Reynolds number for the CO2 cases is much higher than air cases. 
Overall, the tangential flow results also show a good agreement with the analytical model for 
both air and CO2 cases.  
These results indicate that the boundary layer extends and from the wall to the middle 
of the gap and for both air and CO2. For CO2, a significant portion of the cell height is 
dominated by turbulence as shown in Figure 3.12. Therefore, it is essential to use sufficient 
nodes to capture the near wall boundary layer properly. The numerical model indicates that 
the ‘Very Coarse’ mesh is in good agreement with the wall law. This confirms that this Very 
Coarse’ mesh is meshed independent and is sufficient to be used throughout the present 
study. 
  
(a) (b) 
  
(c) (d) 
Figure 3.11: The tangential flow variation of u+ as the log10 y+ changes to the analytical 
model with linear viscous sublayer and logarithmic overlap layer for different operating gaps 
for air at r = 60 mm and θ = 00, (a) h = 3.05 µm, (b) h = 5.08 µm, (c) h  = 7.00 µm, (d) h = 
10.00 µm. 
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The results for radial flow are strikingly different. For air (Figure 3.13), the radial 
flow results show that the velocity profiles follow the linear wall law of the viscous sublayer 
close to the wall only. The velocity profiles deviation from the dimensionless velocity 
profiles with the logarithmic law is increasingly larger as the operating gap decreases. This 
deviationis attributed to the higher centrifugal effect due to higher density at the lower 
operating gap [20, 21]. This centrifugal force acts radially in the opposite direction (i.e. 
outward pumping from inner to outer radii) [70] resulting in the observed deviations. 
   
  
(a) (b) 
  
(c) (d) 
Figure 3.12: The tangential flow variation of u+ as the log10 y+ changes to the analytical 
model with linear viscous sublayer and logarithmic overlap layer for different operating gaps 
for CO2 at r = 60 mm and θ = 00. (a) h = 3.05 µm, (b) h = 5.08 µm, (c) h = 7.00 µm, (d) h = 
10.00 µm.  
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Therefore, these deviations are more significant for the supercritical CO2 (Figure 
3.14) as the operating gap decreases where the centrifugal effect is much stronger due to the 
higher density of the real gas effect [20, 21]. The centrifugal effect will be discussed further 
in Chapter 4.  
 
  
(a) (b) 
  
(c) (d) 
Figure 3.13: The radial flow variation of u+ as the log10 y+ changes to the analytical model 
with linear viscous sublayer and logarithmic overlap layer for different operating gaps for air 
at r = 60 mm and θ = 00. (a) h = 3.05 µm, (b) h = 5.08 µm, (c) h = 7.00 µm, (d) h = 10.00 
µm. 
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(a) (b) 
  
(c) (d) 
Figure 3.14: The radial flow variation of u+ as the log10 y+ changes to the analytical model 
with linear viscous sublayer and logarithmic overlap layer for different operating gaps for 
CO2 at r = 60 mm and θ = 00. (a) h = 3.05 µm, (b) h = 5.08 µm, (c) h = 7.00 µm, (d) h = 
10.00 µm. 
 
3.8.3.4  Pressure-Velocity Coupling 
 
The pressure-based solver allows you to solve the flow problem in either a segregated or 
coupled manner. ANSYS Fluent 16 provides three type of the steady pressure-based 
segregated algorithms; i) SIMPLE, ii) SIMPLEC and iii) PISO. However, the segregated 
algorithm is chosen due to better convergence and stability issues than the coupled algorithm. 
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Figure 3.15,  Figure 3.16, Figure 3.19 and Table 3.19 compare the different types of 
pressure-based segregated algorithms. All show comparable results of radial pressure 
distribution and opening force. As aforementioned, the results for both parameters are in 
good agreement with previous computed data. The deviation of both parameters is less than 
10% as presented in Table 3.5. Similarly, the results for CO2 are comparable (Figure 3.16). 
The computational cost for the three solvers is listed in Table 3.5. The SIMPLE algorithm 
shows the least computational cost followed by SIMPLEC and PISO. Thus, the SIMPLE 
algorithm is preferred.  
However, to reduce convergences difficulties and errors associated with the highly 
skewed mesh (shown in Figure 3.17) for the spiral-shaped upper domain, a special feature in 
SIMPLEC and PISO which is known as ‘skewness correction’ is recommended [77]. The 
SIMPLEC and PISO skewness correction allows an accurate solution on highly skewed 
meshes in approximately the same number of iterations as required for a more orthogonal 
mesh. For the meshes with some degree of skewness, the approximate relationship between 
the correction of mass flux at the cell face and the difference of the pressure corrections at the 
adjacent cells is very rough [77]. 
At the lowest operating gaps, the effect of skewness is least critical due to the lower 
mass flow rates. When operating gap increases, the mass flux at the cell face cell increases. 
This can lead to significant errors shown in Figure 3.18 and Figure 3.19. The pressure 
contours and radial distribution are uniforms throughout the seal domain for the SIMPLEC 
and PISO algorithm, whereas the SIMPLE algorithm shows a non-uniform pressure for the 
highly skewed mesh in the spiral-shaped domain (rg  ≥  69 mm). Nevertheless, for the lower 
part (rg  ≤ 69 mm) of the computational domain, where the mesh quality is superior, the 
results for all algorithm are comparable. Therefore, for better accuracy and due to reduced 
computational cost, the SIMPLEC algorithm is subsequently chosen for the segregated 
pressure-velocity coupling of the present research. 
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Figure 3.15: Static pressure distribution in the radial direction (extracted along line shown 
in Figure 3.5)  for different pressure-based segregated types of algorithms at h  = 3.05 μm 
for air. 
 
 
Figure 3.16: Static pressure distribution in the radial direction (extracted along line shown 
in Figure 3.5)  for different pressure-based segregated types of algorithms at h = 3.05 μm 
for CO2. 
 
Table 3.5: The comparison of the opening force with reference [24] for various segregated 
algorithms pressure-velocity coupling for air. 
 
 Cases Fo (N) Fo (%) Wall-clock time(Hours) 
 SIMPLE 31234.18 5.83 2.0 
 SIMPLEC 31315.31 5.59 2.3 
 PISO 31239.3 5.82 2.5 
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Figure 3.17: The skewness quality of the numerical model meshes. The best quality is 0 
and the worst quality is 1. 
 
 
 
 
 
 
 (a)  (b) 
 
(c) 
Figure 3.18: The pressure distribution of three segregated algorithms at h = 5.08 μm, (a) 
SIMPLE and (b) SIMPLEC and (c) PISO algorithms. 
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Figure 3.19: Static pressure distribution in the radial direction (extracted along line shown 
in Figure 3.5)  for different pressure-based the segregated algorithm at h = 5.08 μm.  
 
 Overall, the good agreement has been demonstrated with the previously computed 
data and velocity profiles in the boundary layer fall within the empirical formulas thereby the 
present numerical model is reliable for the dry gas seal simulation. The SIMPLEC pressure-
velocity coupling is chosen to resolve the skewness error for the present model.  
 
3.9 Conjugate Heat Transfer Model 
 
This section described the methodology for Chapter 5. A fluid simulation methodology using 
ANSYS Fluent is similar as described in section 3.2 - 3.8 with exception the temperature 
boundary condition (i.e., non-isothermal) at the sealing rings wall in the fluid-film region.  
 
3.9.1  Geometrical Model 
 
Figure 3.20 shows the specification layout of the CFD models. This geometry is similar to the 
details models shown in Figure 3.21(c).  The detail of the parameters and the specifications 
are summarized in Table 3.6 for different types of CFD models. The exact schematic of CFD 
models are illustrated in Figure 3.21. 
  As shown in Figure 3.21 and Table 3.6, two configurations are used to assess the 
accuracy of the boundary condition of the numerical model. One is the simplified model 
which includes the outer domain on the sealed pressure side but omits the inner domain on 
the ambient pressure side, and the other is a detailed model which includes the outer and 
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inner domain. A simplified model is proposed to investigate the effect of the inner section 
and to reduce computational cost without compromising the accuracy of the thermos-flow in 
the dry gas seal. The validation case is used to validate the numerical simulation with a case 
from literature using air as the fluid medium. As aforementioned in Chapter 2, the groove is 
located on the high-pressure region at the outer wall, whereas low pressure side is located at 
the inner wall to avoid negative film stiffness as reported by [60].  
 
 
Figure 3.20: The general geometrical schematic taken from detail model geometry. 
 
Table 3.6: Parameters and specifications for CHT model. 
Parameters                                          Value 
 Validation [24] Simplified Detailed 
Rotating ring inner radius, rri (mm) 58.42 10 10 
Rotating ring outer radius, rro(mm) 77.78 21 21 
Stationary ring inner radius, rsi (mm) 58.42 11 11 
Stationary ring outer radius, rso (mm) 58.42 21 21 
Rotating ring thickness, Wr (mm) 12 10 10 
Stationary ring thickness, Ws (mm) 12 10 10 
Groove root radius, rg (mm) 69.0 16 16 
Spiral angle, α (degree) 15 15 15 
Ratio of groove to land, β 1 1 1 
Groove number, n 12 12 12 
Groove depth, hg (µm) 5.0 5.0 5.0 
Film thickness, h (µm) 3.05 and 5.08 3,5 and 7 3,5 and 7 
Outer domain height, Ho (mm) 5 1 1 
Inner domain height, Hi (mm) - 1 1 
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3.9.2 Boundary and Operating Conditions 
 
Advanced methods are required to model the complex CHT and fluid flow for the 
supercritical CO2. As reported in the previous work [23], the empirical formulae are not 
accurate at high rotating speed for calculating the heat transfer on the rotating wall for the dry 
gas seal. Therefore, CFD is used in the present research to capture the heat transfer on the 
rotating wall without the need for empirical formula.  
The single rotating frame method is used for mutual movement between the rotating 
and stationary seal ring. The rotating ring is set as a rotating wall with a speed of 10380 rpm 
for validation case using air as a fluid medium, and 120000 rpm for the cases using CO2, as 
the fluid medium. The shear of the fluid viscosity in the fluid-film region generates heat 
through which a small portion is transferred away with leakage flow but of most generated 
heat is transferred to the seal rings. The heat in the sealing rings is then transferred out into 
the ambient fluid and sealed fluid through corresponding convection walls. The coupled 
simulations of the CHT walls are summarized in Table 3.8. W6 and W10 are set as adiabatic 
in the simplified model to verify the appropriateness of this type of boundary condition in 
comparison with the detailed model, as discussed later. W6 and W2 in the validation model 
are set as adiabatic wall similar to previous work [23]. W2, W3, and W7 are set as adiabatic 
as the heat transferred here is comparatively small as proposed by Hong [23]. An operating 
temperature of 303 K and 370 K are used for air and supercritical CO2 respectively. W9 is set 
as a constant temperature wall corresponding to the operating temperature of the sealed fluid. 
W11 is set as adiabatic wall as it does not directly relate to the seal operation. 
Pressure inlet and pressure outlet boundary conditions are used for inflow and outflow 
of the computational domain respectively. The non-slip boundary condition is employed at 
the walls. The rotating periodic boundary condition is used to simulate only one-twelfth of 
the whole fluid domain due to the geometrical similarity in the circumferential direction to 
reduce computational cost.  The schematic of boundary condition for the three cases is shown 
in Figure 3.21. The details of the boundary condition are summarized in Table 3.8. The seal 
inflow is specified with a uniform velocity of 5 m/s at the corresponding sealed pressure. The 
flow past the top of the rotating ring through a cavity of 1mm wide, takes away heat from 
both the outer wall of rotating ring (W4) and stationary ring (W8). 
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(a) (b) 
 
(c) 
Figure 3.21: The schematic of boundary conditions for three type of CHT model (a) 
validation model, (b) simplified model and (c) detailed model. 
 
Similar to isothermal model, the steady, compressible RANS equations are solved 
using an implicit, segregated, three-dimensional finite volume method. A second-order 
accurate, upwind discretization scheme is utilized for both momentum and energy equation. 
A pressure-velocity coupling is implemented with the SIMPLEC algorithm to solve the 
resulting algebraic equation system with the non-orthogonal correction to reduce the error 
due to the non-orthogonal meshes as justified in section 3.8.3.4. 
The shear stress transport (SST) k-ω turbulence model is used when solving the 
RANS equations as justified in section 3.8.3.2. In addition, to accurately capture the fluid 
flow close to the wall region, a mesh with the first cell height located at a y+ < 5 is employed.  
The materials of the seal ring is summarizes in Table 3.7. This material is similar to the 
previous work [23]. 
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Table 3.7: Material properties of Silicon Carbide used for both the sealing rings [23, 24, 87]. 
Properties Values 
Thermal conductivity k (W/m∙ K) 57 
Density, 𝜌 (kg/m3) 3150 
Specific heat, cp 710 
Coefficient of thermal expansion, αT 3.4 × 10−6 
Modulus of elasticity, Em (MPa) 386000 
Poisson ratio, 𝜐𝑝 0.14 
 
Table 3.8: Boundary and operating conditions for CHT model. 
 Validation [24] Simplified Detailed 
Velocity Inlet, Vi (m/s) 5 5 5 
Pressure outlet, Po (MPa) 4.5852 9 9 
Pressure outlet, Pi (MPa) 0.1013 0.1013 0.1013 
Wall, W1 CHT CHT CHT 
Wall, W2 Adiabatic Adiabatic Adiabatic 
Wall, W3 Adiabatic Adiabatic Adiabatic 
Wall, W4 CHT CHT CHT 
Wall, W5 CHT CHT CHT 
Wall, W6 Adiabatic Adiabatic CHT 
Wall, W7 Adiabatic Adiabatic Adiabatic 
Wall, W8 CHT CHT CHT 
Wall, W9 Constant  
T= 303 K  
Constant  
T= 370K   
Constant  
T= 370K 
Wall, W10 - Adiabatic CHT 
Wall, W11 - - Adiabatic 
Revolutionary speed, 𝜔 (rpm) 10380 1200000 1200000 
Fluid medium Air CO2 CO2 
Operating temperature (K) 303 370 370 
Fluid density at inlet 52.72 167.44 167.44 
 
 
3.9.3 Validations and Verifications 
 
To ensure the accuracy of the numerical model, the pressure of the CHT model is validated 
with the previously computed data [24]. Figure 3.22 shows the pressure distribution along a 
line from the seal inner to the outer edge (extracted along line shown in Figure 3.5) using the 
k-ω SST turbulent model. Table 3.9 shows the comparison with reference [24] and also 
compared to the present CHT simulations, in term of the opening force. The radial pressure 
distribution and the opening force indicate that the presented numerical model coincide well 
with the previously computed data.  
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Table 3.9: The opening force, Fo comparison with the reference [24] using CFD validation 
model (Figure 3.21(a)) for h = 3.05 µm. 
 
 The opening force, Fo (N) 
Numerical model k-ω SST  31250.08 
Reference [24] 33168.70 
 
 
Figure.3.22: Static pressure distribution in a radial direction (extracted along line shown in 
Figure 3.5) in comparison with reference [24] for h  = 3.05 µm using validation model 
(Figure 3.21(a)). 
 
The numerical model is further assessed by considering the calculated friction heat 
(Table 3.10) from reference [23, 88]. A reasonable agreement is achieved. For this 
comparison, friction heat, Qf  is defined as [23]: 
 
Qf =  ∫ 𝜏𝑓𝐴 𝜔 𝑟 𝑑𝐴 (3.29) 
 
Table 3.10: The friction heat, Qf   in comparison with the previous literature using the 
validation model ((Figure 3.21(a)). 
 
Film thickness, h (µm) 3.05 5.08 
Numerical model (Watt) 240.96 148.16 
Reference [23, 88] (Watt) 237.12 143.4 
 
 Overall, the simulation results show a good agreement with references [23, 24, 88]. 
Thus, the proposed numerical model is reliable to simulate the CHT of the dry gas seal. 
 The grid dependency (Figure 3.23) studies are performed for both simplified model 
(Figure 3.21(b)) and detailed model (Figure 3.21(c)). The details of the mesh dependencies 
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are summarized in Table 3.11. For simplicity, only ‘Coarse mesh’ and ‘Very fine’ mesh are 
investigated.  The results of the heat transfer and the average temperature on boundary W4 
(Figure 3.21(c) & (d)) are presented in Table 3.11. The pressure profiles are shown in Figure 
3.23. All meshes show comparable results thereby the ‘Coarse mesh’ is chosen to save 
computational time.  A relatively constant sealed pressure (~ 9 MPa) and ambient pressure 
(~0.1013 MPa) are illustrated for outer and inner domain respectively. The relative pressure 
referenced to Detail model with Very Fine Mesh (Figure 3.23(b)) shows the highest 
discrepancies close to the inner domain due to highest pressure gradient, and decreases 
towards the outer domain. 
 
 
  
(a) (b) 
Figure 3.23: Static pressure distribution in a radial direction (extracted along line shown in 
Figure 3.5) for different meshes and computational models, (a) static pressure and (b) relative 
pressure referenced to Detail model with Very Fine Mesh.  
 
 
Table 3.11: The mesh dependency studies for simplified and detail models. 
CFD model Mesh No. of cells  in 
fluid region, 
(million) 
No. of cell in 
solid region, 
(million) 
Heat 
Transfer, Q 
(Watt) 
Temperature, 
Tavg (K) 
Simplified Coarse 0.45 0.25 36.11 408.01 
Simplified Very Fine 0.95 0.5 36.98 408.92 
Detail Coarse 0.5 0.3 36.72 409.26 
Detail Very fine 1 0.6 37.12 409.98 
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3.9.4 Heat Transfer on the Simplified and Detailed Model. 
  
Using the simplified model to simulate the dry gas seal is desirable, owing to reduced 
computational cost by eliminating inner domain and setting the W6 and W10 as an adiabatic 
wall. This may be possible due to the much reduced heat transfer in the regions exposed to 
low pressure CO2 (W6 and W10), compared to regions exposed to sealed CO2 with much 
increased heat transfer. To assess the viability of using the simplified model, heat transfer Q 
to the surface walls of W4, W6, W8 and W10, are compared at different film thickness, h =
3 𝜇𝑚,h = 5 𝜇𝑚 and h = 7 𝜇𝑚. The results are summarized in Table 3.12-3.14.  
 The majority heat generated in the fluid film is transferred to W1 on the rotating ring 
than W5 on the stationary ring [23]. As the sealing rings get heated, the heat is transferred out 
through the respective convection walls. For the simplified model, the heat conducted into the 
stator, through wall W1, must be convected through W4. Similarly, the heat entering the rotor 
through W5 must be convected out through W8. In contrast in the detailed model the heat can 
also be conducted to faces W6 and W10. For verification the balance of these heat fluxes is 
checked as shown in Table 3.12-3.14. The friction heat decreases as the film thickness 
increases [23], and hence the heat fluxes reduce. The data clearly shows that the heat transfer, 
from the surfaces W6 and W10 is significantly lower, less than 0.25% and 1% respectively. 
This indicates that the heat transfer is order of magnitude lower on the low-pressure side. The 
difference in heat transfer from the fluid film (W1 and W5) between the simplified and the 
detailed model is less than 1% variations for all film thickness, confirming that choosing the 
simplified model has a negligible effect on film performance. 
The results confirm that fluid density plays a major role in heat transfer. As expected, 
heat transfer to the sealed fluid (ρ = 167.44 kg/m3) is substantially higher than heat transfer to 
fluid at ambient conditions (ρ = 1.98 kg/m3).  Thus, the surface wall, W6 and W10 can be 
treated as adiabatic walls. These show that the simplified model is reliable and can be used 
for simulating the CHT without compromising the accuracy of the thermo-fluid flows in the 
dry gas seal. 
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Table 3.12: Heat transfer on the wall convection components at gap height,  
h = 3 µm for simplified and detailed model. 
 
Wall Heat Transfer, 
Qsimple (Watt) 
Heat Transfer, 
Qdetailed (Watt) 
W1 -521.76 -521.87 
W4 521.76 521.76 
W10 0 0.11 
W5 -433.32 -445.08 
W8 433.32 440.64 
W6 0 4.44 
 
 
Table 3.13: Heat transfer on the wall convection components at gap height,  
h= 5 µm for simplified and detailed model. 
 
Wall Heat Transfer, 
Qsimple (Watt) 
Heat Transfer, 
Qdetailed (Watt) 
W1 -416.88 -421.44 
W4 416.88 418.20 
W10 0 3.24 
W5 -367.68 -369.24 
W8 367.68 366.36 
W6 0 2.88 
 
 
Table 3.14: Heat transfer on the wall convection components at gap height, 
h= 7 µm for simplified and detailed model. 
 
Wall Heat Transfer, 
Qsimple (Watt) 
Heat Transfer, 
Qdetailed (Watt) 
W1 -339.24 -344.88 
W4 339.24 339.12 
W10 0 5.76 
W5 -312.24 -315.00 
W8 312.24 313.44 
W6 0 1.56 
 
For the simplified model heat fluxes are further extracted for h = 3 µm and 𝜔 = 
120000 rpm to verify the heat flux conservation for the coupled simulation. The energy 
balanced between the sealing gap and rings is defined as: 
 
𝑄𝑖𝑛 +  𝑄𝑓  =  𝑄𝑟 + 𝑄𝑠 +  𝑄𝑜𝑢𝑡  (3.30) 
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Where 𝑄𝑖𝑛 is the heat flux due to the fluid entering the seal (leakage flow entering the gap), 
𝑄𝑤𝑖𝑛𝑑𝑎𝑔𝑒 is the friction or windage heat as defined in Equation 3.35, 𝑄𝑟 is the heat transferred 
into the rotating ring, through face W1, 𝑄𝑠 is the heat transferred into the stationary ring, 
through face W5, and 𝑄𝑜𝑢𝑡 is the heat flux convected by the leakage flow exiting the seal. 
The corresponding heat fluxes are summarized as: 
 
Table 3.15: Heat components in the operating gap of h = 3 µm. 
 Heat Transfer,(Watt) 
𝑄𝑖𝑛 320.88 
𝑄𝑓 983.16 
𝑄𝑟 521.76 
𝑄𝑠  433.32 
𝑄𝑜𝑢𝑡  345.72 
LHS 1304.04 
RHS 1300.80 
Diff 0.25% 
 
 
Table 3.16: Heat components in the operating gap of h = 5 µm. 
 Heat Transfer,(Watt) 
𝑄𝑖𝑛 802.92 
𝑄𝑓 882.12 
𝑄𝑟  416.88 
𝑄𝑠  367.68 
𝑄𝑜𝑢𝑡  882.12 
LHS 1685.04 
RHS 1666.68 
Diff 1.1% 
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Table 3.17: Heat components in the operating gap of h = 7 µm. 
 Heat Transfer,(Watt) 
𝑄𝑖𝑛 1483.32 
𝑄𝑓 826.32 
𝑄𝑟  339.24 
𝑄𝑠  312.24 
𝑄𝑜𝑢𝑡  1622.16 
LHS 2309.64 
RHS 2273.64 
Diff 1.6% 
 
The table indicates that the energy is largely conserved over the simulation domain, 
however there is a small discrepancy that increases with gap height. The friction heat, 𝑄𝑓 
decreases as the operating gap increases due to the lower viscous shear stress action between 
the sealing ring wall and the fluid when the operating gap increase. The majority of the 
friction heat is transferred into the sealing rings, with slightly more going to the rotating ring. 
The data also show that as the gap increased, more energy is transferred to the leakage flow, 
24.88 W at  h = 3 µm, compared to 138.84 W at h = 7 µm. Here the leakage flow contributes 
as a coolant. This effects has been previously identified in [23]. 
 
3.10 Deformation model.  
 
This section described the methodology for Chapter 6 for deformation model. The fluid 
simulation follows the approach outlined for the simplified model in section 3.9. 
 
3.10.1 Geometrical model 
 
Figure 3.24 shows the schematics of geometrical specifications of the dry gas seal for the 
present numerical study.  The geometric specifications are summarized in Table 3.18. The 
selection of groove radius, balance radius, spiral angle, and film thickness are based on the 
seal face geometry optimization as discussed in Chapter 5. The stationary ring thickness, Ws 
and rotating ring thickness, Wr are parameters that are varied to explore seal face deformation 
as discussed in chapter 6.     
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Figure 3.24: The schematic of the geometrical specification of dry gas seal  deformation 
model. 
 
 
Table 3.18: The geometrical specifications of the numerical model for deformation model. 
Parameters Specifications 
Rotating ring inner radius, rri (mm) 10 
Rotating ring outer radius, rro(mm) 21 
Stationary ring inner radius, rsi (mm) 11 
Stationary ring outer radius, rso (mm) 21 
Rotating ring thickness, Wr (mm) 10 
Stationary ring thickness, Ws (mm) 10 
Stationary ring thickness, w1 (mm) 0.5Ws 
Stationary ring thickness, w2 (mm) 0.5Ws 
Groove radius, rg(mm) 17 
Balance radius, rb(mm) 13.05 
Spiral angle, α (degree) 30 
Ratio of groove to land, β 1 
Groove number, n 12 
Groove depth, hg (µm) 5.0 
Film thickness, h (µm) 3.0 
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3.10.2  Boundary Conditions and Solver Coupling for Deformation Analysis 
 
Figure 3.25 shows the boundary condition for present model, which are summarized in Table 
3.19. For simplicity, the outer and inner fluid domains are omitted. The heat transfer 
coefficients are calculated from the simplified model CHT simulation presented in (Chapter 
5), and applied to walls W6 and W11 (Figure 3.25). A constant heat transfer coefficient, as 
listed in Table 3.19 is used for both. The heat transfer coefficient for the rotating ring is 46.7 
% higher than the stationary ring due to the rotation, which increases the effective fluid 
velocity and increases heat transfer. Using fixed heat transfer coefficients ensures a fair 
comparison for the different simulations. To explore mechanism to control seal deformation, 
a split boundary conditions is used on W6 and W11. The part of the wall closest to the fluid-
film is set as convection wall (Figure 3.25), whereas the remaining area is set as an adiabatic 
wall (except 100% convection area). 
For the deformation analysis, the volumetric temperature results for the rotating and 
stationary ring, obtained from the CHT simulations are then transferred to ANSYS Static 
Structural. ANSYS Static Structural is then used to calculate the seal distortion for the 
resulting volumetric temperature distribution and the corresponding mechanical boundary 
condition (pressure loads and constraints) as shown in Figure 3.26 and 3.27. Both rings are 
made from Silicon Carbide, with properties defined in Table 3.7.  
 
Figure 3.25: The inflow, outflow and the wall components of sealing rings for deformation 
model. 
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The restraints of the stationary ring and rotating ring are shown in Figure 3.26 and 
Figure 3.27 respectively. Both rings are constrained in the tangential direction, as the 
deformations can be assumed to be axisymmetric. The stationary ring is restricted in an axial 
direction of the axis along a circular line that coincides with the centering spring at a radius, 
rg = 17 mm.  The O-ring is used as a secondary seal to separate the high-pressure and low-
pressure region as shown in Figure 3.26 and Figure 3.27. Due to the complexity of resolving 
the effect of O-ring deformation and as the O-ring forces are small compared to other forces 
acting on the sealing ring, the effect of the O-rings are neglected. Hence, the O-ring location 
separates the high and low pressure regions.  
The rotating ring is restricted in the axial direction by the sleeve at the back of the 
sealing ring and through the locking sleeve force applied at the front. The magnitude of this 
force is, Fsl = 1800 N.  A pin or bolt at the bottom restraint the rotating ring in the tangential 
direction. 
 
Table 3.19: Operating condition and thermal boundary conditions of numerical deformation 
model. 
Boundary condition Spesifications 
Pressure inlet, Po (MPa) 9 
Pressure outlet, Pi (MPa) 0.101325 
Wall, W1 CHT 
Wall, W2 Adiabatic 
Wall, W3 Adiabatic 
Wall, W4 Adiabatic 
Wall, W5 Adiabatic 
Wall, W6 25%  convection  + 75% adiabatic  
50%  convection + 50% adiabatic  
75%  convection + 25% adiabatic  
100% convection 
Heat transfer coefficient = 7632.8 W/m2∙K 
Wall, W7 CHT 
Wall, W8 Adiabatic 
Wall, W9 Adiabatic 
Wall, W10 Adiabatic 
Wall, W11 25%  convection  + 75% adiabatic  
50%  convection + 50% adiabatic  
75%  convection + 25% adiabatic  
100% convection 
Heat transfer coefficient = 11194.9  W/m2∙K 
Speed, ω (rpm) 120000 
Fluid medium CO2 
Temperature, (K) 370 
Fluid density at inlet 167.44 
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Figure 3.26: The structural constraint, location of O-ring, the force and pressure loads of 
the stationary ring.  
 
 
 
 
Figure 3.27: The structural constraint,  location of O-ring and the force and pressure loads 
of the rotating ring. rscs is the radius of the O-ring, rsl  is the outer radius of the locking 
sleeve.   
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3.10.3  Verification of Numerical Model 
 
The mesh dependency study is performed in term of axial displacement, Δz, as shown in 
Figure 3.28. The details of the mesh refinement are shown in Table 3.20. The results for all 
meshes are comparable. Thus, the ‘Very Coarse’ is chosen for the present studies.  
 
Table 3.20: The details of grid dependency studies. 
Mesh No. of cells for stator (million) No. of cells for rotor (million) 
Very Coarse 0.1 0.12 
Fine 0.3 0.35 
Very Fine 0.5 0.6 
 
The effect of deflection for the outer edge free, inner edge simply supported for the 
stationary ring geometry with a thickness of Ws = 1 mm is verified with analytical solution 
from [89], as shown in Figure 3.29. The calculations are detailed in [89]. Figure 3.30 shows 
the mesh and the deflection of the computational model using ANSYS Static Structural. The 
applied uniform pressure of 4.5 MPa is used as a pressure load boundary condition with the 
similar stationary ring geometry except for the thickness, Ws. It shows that the present models 
is comparable with the analytical solution as shown in Table 3.21. Thus, the computational 
model used in the present studies is reliable.  
 
  
(a) (b) 
Figure 3.28: The grid dependency studies for the sealing rings in term of axial 
displacement, Δz (a) stationary ring and (b) rotating ring. 
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Figure 3.29: The load and constraint for outer edge free, inner edge simply supported 
deflection [89]. q is uniform pressure. 
 
 
 
 
 
(a) (b) 
Figure 3.30: The verification of structural displacement with the analytical equation, (a) 
mesh of verification model and (b) the cut-view of axial displacement contour. 
 
Table 3.21: Comparison of the present computational model with the analytical solution [89]. 
 Tip displacement, Δ ztip (m) 
Computational model 1.915 x 10-3 
Analytical Solution [89] 1.911 x 10-3 
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CHAPTER 4 
THE INFLUENCES OF REAL GAS EFFECTS ON THE PERFORMANCE OF 
SUPERCRITICAL CO2 DRY GAS SEAL NEAR AND FAR FROM CRITICAL 
POINTS 
 
4.1 Introduction 
 
One of the main challenges of using supercritical CO2 dry gas seals is that operating 
conditions are near the critical point. In the supercritical region in the vicinity of the critical 
point (304 K, 7.4 MPa), CO2 behaves as a real-gas, exhibiting significant and abrupt 
nonlinear changes in fluid and transport properties and high densities. To correctly predict the 
seal operation and performance, the interaction between this real gas and the seal rotor 
(primary ring) and the seal stator (mating ring) need to analyzed and investigated in detail, as 
they can lead to significant changes in flow and seal performance.  
 Within the Brayton Cycle, there are two possible sealing locations at either high or 
low operating temperatures [49, 76] (turbine and compressor seals) where dry gas seal can be 
selected. Hence for the first section (section 4.2-4.3), the present study investigates two inlet 
conditions one close to the critical point, and the other is far from the critical point. At both 
conditions, seals operating with CO2 (real fluid) and air (ideal gas) are compared to highlight 
the differences. Computational Fluid Dynamics is used to simulate the flow behavior in the 
dry gas seal. Then (section 4.4), the real gas and centrifugal effects are studied on one of 
groove geometry parameters selection. The effect of real gas on the groove length or dam to 
the performance of dry gas seals operating with supercritical is selected that can provide new 
design insight for supercritical CO2 Brayton cycle turbomachinery applications especially the 
effect of centrifugal force on the performance of the dry gas seal. The present chapter 
employed isothermal temperature boundary condition along the rotor and stator to study the 
performance of the dry gas seal.  
 Part of this chapter comprises from a paper published in the Elsevier Tribology 
International titled “The influence of real gas effects on the performance of supercritical CO2 
dry gas seals” and a conference paper in ASME Turbo Expo 2016: Turbomachinery 
Technical Conference and Exposition titled “Performance of Supercritical CO2 Dry Gas Seals 
Near the Critical Point”. The other content from the journals are described in section 3.2, 3.4-
3.7. This chapter is to provide some of the flow behaviour due to the real gas effect using the 
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previous work [24] geometries. This chapter describes the real gas effect on the performance 
of the dry gas seal using an isothermal model as assumption. The details specification of the 
geometry and boundary conditions parameters are described in section 3.8. 
 
4.2 Comparison of Ideal Gas and Real Gas CO2 Operation 
 
CO2 experiences significant real gas effects when operating near the critical point. In dry gas 
seals, the resulting nonlinear variations in properties can change the performance. To explore 
these effects, two operating points with inlet conditions, close and far from the critical point 
are selected. First in this section, different equations of states are used to quantify the 
influence of CO2 real gas effects on seal performances. Then, a like-for-like comparison is 
performed to compare operation with ideal gas of air and real gas of CO2 in section 4.3.   
Before conducting a detailed investigation on the performance of the supercritical 
fluid dry gas seal, it is important to establish an understanding of how the real CO2 gas 
properties near and far from the critical point affect seal operation compare to an ideal gas. 
The supercritical region is defined by operating pressure and temperature above the critical 
point Pcr = 7.4 MPa and Tcr = 304 K for CO2 [9]. To characterized this behavior the 
supercritical CO2 seal described in Table 3.2 is investigated at two operating temperatures: i) 
T = 370 K for operation close to the critical and ii) T = 740 K for operation far from the 
critical point for the same rg = 69 mm. In the following results, the performance of a seal 
simulated using the perfect gas law (Eq. (3.12)) with appropriate constants for CO2 are 
compared to simulations using the Span and Wagner equation of state (Eq. (3.13)). 
 
4.2.1  Pressure  
 
Figure 4.1 and 4.2 show the pressure distributions at rotational speeds 10380 and 30000 rpm 
respectively. Close to the critical point as shown in Fig. 4.1(a) and 4.2(a), the pressure is up 
to 4.8% and 6.5% higher in the real gas simulation, especially near the end of the groove. On 
the contrary far from the critical point, the pressure only shows a slight change of 1.3% and 
1.7% (Figure 4.1(b) and 4.2(b)). As expected,  the difference between the two equation of 
state increases as we get closer to the critical point. Furthermore, as the rotational speed 
increases, due to the more intense shear action that results in, the stronger outward pumping 
of the fluid into the groove, the deviation is further amplified in the high-speed case, 
especially near the end of the groove where the highest pressure and thus most profound fluid 
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property changes are developed. As will be shown in section 4.2.3, the difference in pressure 
for the 370 K condition is mainly caused by differences in density between the two equations 
of states. The higher density predicted by the real gas equation of state can lead to higher 
centrifugal forces that enhance groove efficiency. 
 
  
(a)  (b) 
Figure 4.1: Pressure distribution of CO2 for ideal and real gas in radial direction (extracted 
along line shown in Figure 3.5), ω = 10380 rpm and h = 3.05 µm, (a) T = 370 K and  (b) T = 
740 K. 
 
  
(a)  (b)  
Figure 4.2: Pressure distribution of CO2 for ideal and real gas in radial direction(extracted 
along line shown in Figure 3.5), ω = 30000 rpm and h = 3.05 µm, (a) T = 370 K and  (b) T = 
740 K. 
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4.2.2 Temperature 
 
Similarly, the temperature distributions also show a deviation between the two equations of 
state, particularly close to the critical point (Fig. 4.3(a) and 4.4(a)) with maximum differences 
of 4.6% and 6.7% for rotational speeds of 10380 rpm and 30000 rpm respectively close to 
inner edge.  
  
(a)  (b) 
Figure 4.3: Temperature distribution of CO2 for ideal and real gas in radial direction 
(extracted along line shown in Figure 3.5), 𝜔 = 10380 rpm and h = 3.05 µm, (a) T = 370 K 
and (b) T = 740 K. 
 
  
(a)  (b) 
Figure 4.4: Temperature distribution of CO2 for ideal and real gas in radial direction 
(extracted along line shown in Figure 3.5), 𝜔 = 30000 rpm and h = 3.05 µm (a) T = 370 K 
and (b) T = 740 K. 
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 However, at the low rotation speed, the higher discrepancy is observed close to inner 
edge whereas, at high rotation speed, the higher discrepancies observed throughout the seal 
domain. On the contrary at high temperature, far from a critical point, only minimal changes 
of 0.02% and 0.4% are observed for rotational speeds of 10380 rpm and 30000 rpm 
respectively (Fig. 4.3(b) and 4.4(b)). As evident from Figure 4.3 and 4.4, the maximum 
deviation for an isothermal fluid temperature within the seal gap occurs for Figure 4.4 and 
especially Figure 4.4(b). Thisis attributed to an increasing tangential flow Mach number. At 
higher Mach number (high rotor speed and low temperature) energy dissipation is no longer 
negligible. 
 
4.2.3  Density 
 
The radial density distributions are shown in Figure 4.5 and 4.6. As expected due to the less 
significant real gas effect far from the critical point at T = 740 K, the results for ideal and real 
gas equations of state are almost identical with differences of 1.0% and 1.1% for rotational 
speeds of 10380 rpm and 30000 rpm respectively. On the contrary, a significant density 
difference is observed close to the critical point with 370 K inlet temperature. Differences of 
24.8% and 39.5% are observed for rotational speeds of 10380 rpm and 30000 rpm 
respectively, with differences growing as the absolute pressure increases. This is due to the 
different equations of state (i.e. Eq. (3.12) and Eq. (3.13)). Close to the critical point, these 
return substantially different density values for a given state point.  
This indicates that the ideal gas law is not accurate in predicting the fluid and 
thermodynamic properties of the CO2 when fluid conditions at the seal inlet, outlet, or within 
the seal are in the proximity of the critical point. Thus, the Span and Wagner equation of state 
is highly recommended for the simulation of the supercritical CO2 dry gas seal when 
operating conditions are close to the critical point. 
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(a) (b) 
Figure 4.5: Density distribution of CO2 for ideal and real gas in the radial direction(extracted 
along line shown in Figure 3.5), 𝜔 = 10380 rpm and h = 3.05 µm, (a) T = 370 K and (b) T = 
740 K. 
 
 
Hence, the fluid and thermodynamic properties (Figure 4.1 -4.6) of the supercritical 
fluid show that close to critical point, the real gas effect is significant and that the ideal gas 
law assumptions are no longer valid whereas far from critical point the supercritical fluid can 
be approximated by an ideal gas without loss of accuracy. This observation is confirmed by 
the compressibility factor discussed next.  
  
(a) (b) 
Figure 4.6: Density distribution of CO2 for ideal and real gas in the radial direction(extracted 
along line shown in Figure 3.5),  𝜔 = 30000 rpm and  h = 3.05 µm, (a) T = 370 K and (b) T = 
740 K. 
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4.2.4 Compressibility Factor 
 
Figure 4.7 and 4.8 show contours of compressibility factor for operation near and far from the 
critical point. With an inlet temperature of 370 K, close to the critical point the 
compressibility factor, Z  is no longer close to unity as shown in Figure 4.7(a) and 4.8(a). 
This explains the high deviations from the ideal gas law shown in Figure 4.1(a)– 4.6(a). 
Especially in the groove region, where multiple factors interact to generate the highest 
pressures, these deviations from the ideal gas behavior is significant. On the contrary, far 
from the critical point shown in Figure 4.7(b) and 4.8(b), the supercritical fluid behaves like 
an ideal gas as previously shown in Figure 4.1(b) – 4.6(b).  This confirms that near the 
critical point the ideal gas approximation is no longer valid. 
 
 
  
 (a) (b) 
Figure 4.7: Contours of compressibility factor, Z at 𝜔 = 10380 rpm, (a) T = 370 K and (b) T = 
740 K. 
 
 
 
 
 
 (a)  (b) 
Figure 4.8: Contours of compressibility factor, Z at 𝜔 = 30000 rpm, (a) T = 370 K and (b) T = 
740 K. 
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4.2.5  Performances of Ideal and Real Gas of CO2 
 
Figure 4.9 and 4.10 compare the seal performance and how this is affected by the selected 
equation of state. Seal performances are compared in term of opening force and outflow 
leakage rate. The opening force is the total seal opening force acting on the stator, calculated 
as: 
𝐹𝑜 =  ∫ 𝑝 𝑑𝐴 
(4.2) 
 
Consistent with the comparison of underlying effects, a higher discrepancyis observed 
near the critical point. Close to the critical point the difference in opening force is 1.4% and 
3.4%, for ω = 10380 rpm and ω = 30000 rpm, whereas far from the critical point the 
differences are only 0.2% and 0.7 % respectively. In all cases, the real gas equation of state 
predicts a higher opening force. This is most likely caused by the predicted higher densities 
(see Figure 4.5 and 4.6), which enhance the magnitude of the peak pressure that develops.  
For leakage rate (Figure 4.10), near the critical point the real gas equation of state 
predicts an 8.1% and 10.3% higher leakage, whereas far from the critical point it predicts a 
lower leakage by 3.1% and 2.8% for ω = 10380 rpm and ω = 30000 rpm respectively. The 
higher leakage for the real gas equation of state close to the critical point can be attributed to 
the combined effect of increased density and peak pressure generated by the groove, both of 
which are detrimental to the performance of the sealing dam. Far from critical point, the 
predicted leakage for the ideal gas is slightly higher than the real gas (Figure 4.10). The 
different formulation used in the equation of state results in different average viscosity values 
of 5.21 x 10-7 Pa ∙ s and 5.57 x 10-7 Pa ∙ s for ideal gas and real gas respectively. 
Consequently, the higher viscosity results in higher flow barrier thereby lower leakage for 
real gas. 
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(a) (b) 
Figure 4.9: Opening force, Fo of CO2 at different rotation speed for ideal and real gas, (a) T = 
370 K and (b) T = 740 K. 
 
  
(a) (b) 
Figure 4.10: Mass flow rate, ?̇? of CO2  at different rotation speed for ideal and real gas, (a) T 
= 370 K and (b) T = 740 K. 
 
Overall, when operating with CO2, real gas effects can have a significant effect on 
fluid properties within the seal, particularly density. Significant differences exist between the 
results of the real gas and ideal gas simulations. This indicates a significant real gas effect 
when operating with CO2 and highlights the need to use an appropriate equation of state. This 
observation is confirmed by the comparison of seal operation with air and supercritical CO2 
discussed next.  
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4.3 Comparison of Seal Operation with Air and Supercritical CO2 
 
To create further insight for seal operation with supercritical CO2, this section examines the 
operation of two identical seals operating with air and supercritical CO2 respectively. The 
seal operating conditions are given in Table 3.2. At these conditions, the air seal acts as a 
reference point whereas the CO2 exemplifies the effects of supercritical fluids and the 
associated nonlinear real gas properties. In addition, the CO2 seal operates with the high 
densities typical for supercritical working fluids (see Table 3.2). The study considers three 
seal opening gaps, 3.05 µm, 5.08 µm and 7 µm. 
 
4.3.1  Pressure  Distribution in Sealing Dam 
 
As shown in section 4.3.2, significant pressure peaks are attained at the end of the grooves. 
To understand this phenomenon, the balance of mass-flow between the fluid entering the 
groove and the flow leaving the groove toward the dam region must be considered.  
In the dam region the fluid is influenced by two main factors in the radial direction; 
the pressure gradient and the centrifugal effect. In this work, in general, the pressure gradient 
causes the fluid to flow inwards (toward inner radii, ri), while the centrifugal effect acts in the 
opposite direction (toward outer radii, ro). Particularly close to the rotor, where tangential 
velocities are highest substantial radial forces exist, which can cause the fluid to overcome 
the radial pressure gradient and flow outwards. The net influence of these two interacting 
effects is highlighted by plotting the non dimensionalized pressure (P/PG) as shown in Figure 
4.11 and 4.12. By comparing the lines of the 3 µm case for 0 rpm (hydrostatic pressure), 
10380 rpm and 30000 rpm, it is evident that for 10380 rpm no significant centrifugal effect 
exists. However, at 30000 rpm, a notable change in the pressure profile is observed. The 
results are in agreement with previous theoretical work by Garratt [70], who identified that 
rotation leads to a reduction in radial mass flow and pressure across the seal. Consequently, 
these effects influence on the performance parameters of the seal, such as opening force and 
total mass flow rate. 
 As shown in Figure 4.11 and Figure 4.12, the centrifugal effect (reduction of pressure) 
increases as the rotational speed increases and as the film gap decreases. Furthermore, the 
results show that the centrifugal effect is more significant for CO2, especially at low gaps and 
high rotation speeds and that it is strongest for CO2 close to the critical point. This is due to 
the higher gas densities for CO2 (see inlet density in Table 3.2), which further increases if 
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higher peak pressures are reached at the end of the groove, for example as shown in Figure 
4.2(a) and 4.6(a).   
 Effectively, this means that the centrifugal effects are strongest at high speeds, high 
fluid densities as is the case with CO2 and that high peak pressures reached at the end of the 
grooves further enhance the effect. The impact of centrifugal effects on seal performance are: 
Firstly, increased centrifugal effects lead to a reduction in average pressure (i.e. mainly due to 
the reduction of pressure in the dam region) and thus reduced opening force. Secondly, 
increased centrifugal effects lead to comparably reduced leakage (i.e. by increasing outward 
force acting on fluid). However, at the same time, this causes higher peak pressures (i.e. due 
to the lower leakage) at the end of the groove which tend to increase leakage (i.e. flow to the 
lower pressure region). The net effect on seal operationis explored with the different air and 
supercritical CO2 seal simulations.   
  
(a) (b) 
Figure 4.11: Non-dimensionalized pressure in the radial direction (extracted along line shown 
in Figure 3.5) across the dam region at T = 370 K, (a) Air (ideal gas equation of state) and (b) 
CO2 (Span and Wagner equation of state). 
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(a) (b) 
Figure 4.12: Non-dimensionalized pressure in the radial direction (extracted along line 
shown in Figure 3.5) across the dam region at T = 740 K, (a) Air (ideal gas equation of state) 
and (b) CO2 (Span and Wagner equation of state). 
 
4.3.2 Pressure Profiles and Contours 
 
Figure 4.13 shows the pressure distribution in the radial direction for air and CO2 for a 3.05 
µm film gap, which experience the strongest viscous effects due to the small gap height. Due 
to viscous pumping in the groove region (r > 69 mm) the pressure increases from the outer 
edge until the end of the groove where the peak pressures are reached. Particularly,  high 
pressures are reached at a rotational speed of 30000 rpm. Figure 4.14 shows the 
corresponding pressure contours for CO2 at a rotational speed of 30000 rpm, which highlights 
that the peak pressures are localized to the end of the groove. After the grooves, in the dam 
region (r < 69 mm) the pressure decreases to ambient conditions (0.1 MPa) at the inner edge 
of the seal.  
When operating with air, the pressure profiles are almost identical to the ones 
observed with CO2 at an operating temperature of 740 K, confirming the similarity between 
hot CO2 and ideal gases. For air, the effect of increasing temperature is small at the high 
rotational speeds. The only difference in pressure contours exists close to the end of the dam 
region. At low rotation speed as temperature increases, the pressure increases due to the 
increase in viscosity with temperature, which increases viscous pumping in the grooves for 
the 740 K case.  
As expected,  as rotational speed increases more gas is pumped inward thereby 
resulting in higher pressures developing at the end of the groove. This has the following 
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effects. First, the high pressures cause some backward flow towards outer seal edge in the 
regions between the grooves (i.e. to lower pressure region) and second the associated higher 
densities enhance the sealing performance of the dam as discussed previously. A downside of 
the second effect, particularly with the higher densities reached at lower temperatures (370 K) 
is that the increased centrifugal forces, caused by tangential fluid motion, resist the inwards 
flow. This results in a reduction of pressure across the sealing dam, as observed for the 30000 
rpm case.  
The overall patterns are similar for the CO2 (Figure 4.13(b)) except for the 370 K, 
30000 rpm case, where pressures at the end of the groove are substantially higher compared 
to air. To understand this phenomenon, the balance of mass-flow between the fluid entering 
the groove and the flow leaving the groove toward the dam region must be considered. This 
mass-flow balance directly influences the peak pressure developed in the groove. Effectively 
strong inwards pumping by the groove and good sealing by the dam is required to create such 
high pressures. Looking back at Figure 4.11(b) it is evident that this case also experienced the 
strongest centrifugal effects. Hence, here the centrifugal force, which increases with density 
can balance the high pumping effect of the grooves. Consequently, much higher peak 
pressures are attained as the leakage from the grooves to the dam is reduced. 
A somewhat counter-intuitive result is that this only occurs for CO2 and not for air. As 
can be seen from Figure 4.11 and 4.12 the effect of changing the temperature on the pressure 
inside the sealing dam for air is minor compared to CO2. The larger changes in CO2 are due 
to the differential equations of state and different fluid properties close to the critical point. 
As previously shown in Figure 4.6 (a) the use of the real gas equation Eq. (3.13) instead of 
Eq.(3.12) results in a more rapid change in fluid density at the seal center (near the end of the 
groove). Therefore, this higher localized density that exists for CO2 is the cause for the 
difference in pressure distribution observed for CO2. This localized density change at the end 
of the groove is not seen for the ideal gas model as shown in Figure 4.6(a) and 4.5(a) and 
hence not for air (Figure 4.13(a)). 
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(a) Air (b) CO2 
Figure 4.13: Pressure distribution for ideal and real gas in the radial direction (extracted along 
line shown in Figure 3.5), h = 3.05 µm, (a) Air (ideal gas equation of state) and (b) CO2 (Span 
and Wagner equation of state). 
 
 
 
  
    (a)  (b) 
Figure 4.14: Pressure contours for CO2,  𝜔 = 30000 rpm and h = 3.05 µm, (a) T = 370 K 
and (b) T = 740 K. 
 
As film gap increases to 5.08 µm for air (Fig. 4.15) similar pressure profiles are 
observed compared to the lower gap. However, the pressures reached at the end of the 
grooves are lower, and the effect of temperature has disappeared. This is attributed to the 
reduction in viscous pumping as the film gap increases [24] and the diminishing performance 
of the sealing dam to resist inwards flow. At 30000 rpm a pressure increase in the grooves is 
still noticeable, and this is also shown in the corresponding pressure contours (Figure 4.16). 
However, at the low speed (10380 rpm), the viscous pumping is so weak that pressure 
smoothly decreases from the outer to the inner radius of the seal.  
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For CO2 (Figure 4.15(b)), the patterns also remain similar. However, the peak 
pressure reached at the end of the groove is reduced. The difference in peak pressure that 
arises at the end of the grooved due to the nonlinear fluid properties that exist for the cold 
CO2 near the critical point remains at high speed, albeit to a lesser extent. At 10380 rpm the 
pressure profiles are more or less identical. Effectively with the higher gap, the centrifugal 
effect and hence the performance of the sealing dam is reduced, thereby leading to reduced 
peak pressures at the groove end and more uniform pressures as shown in Figure 4.16(b). 
  
(a) Air (b) CO2 
Figure 4.15:Pressure distribution for ideal and real gas in the radial direction(extracted along 
line shown in Figure 3.5), h = 5.08 µm, (a) Air (ideal gas equation of state) and (b) CO2 
(Span and Wagner equation of state). 
 
 
  
 (a) (b) 
Figure 4.16: Pressure contours for CO2,  𝜔= 30000 rpm and h = 5.08 µm, (a) T = 370 K 
and (b) T = 740 K. 
 
The results for the largest gap of  7 µm for air and CO2 are shown in Figure 4.17. As 
both the pumping efficiency of the grooves and centrifugal effects that enhance sealing dam 
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performance are further reduced, the pressure distribution is comparable for all cases. It 
decreases from outer radius to inner radius of the seal domain. Similarly, no significant 
pressure increases are observed at the end of the grooves as shown in Figure 4.18.  
  
(a)  (b)  
Figure 4.17: Pressure distribution for ideal and real gas in radial direction(extracted along 
line shown in Figure 3.5), h = 7 µm,(a) Air (ideal gas equation of state) and (b) CO2 (Span 
and Wagner equation of state). 
 
 
 
 
 
 (a) (b) 
Figure 4.18: Pressure contours for CO2,  𝜔= 30000 rpm and h = 7 µm, (a) T = 370 K and 
(b) T = 740 K (air results are comparable to 740K case). 
 
To summarize, effectively as gap height increases the viscous effect, such as the 
pumping efficiency of the grooves and inertial effects, such as the centrifugal force that 
enhances sealing dam performance diminishes. Consequently, differences between the air 
(lower density ideal gas) and CO2 (higher density gas with real gas effects) disappear and the 
air and CO2 seal behave equivalently. However, with small gaps, different pressure 
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distributions are observed. These are due to two factors. First, the CO2 is more dense, leading 
to an increased centrifugal force that improves sealing dam performance. Second, the 
nonlinear gas properties of the CO2 near the critical point cause a more rapid density change 
and hence increased the centrifugal effect at the start of the sealing dam. This further 
enhances seal performance as it enables the generation of higher peak pressures in the 
grooves.  
 
4.3.3  Opening Force 
 
Figure 4.19  shows the opening force at different operating temperatures, rotation speeds and 
film thickness for air and CO2 respectively. As expected due to the reduced pumping effect as 
the film gap increases the opening force decrease and asymptotes towards a constant value. 
At a rotational speed of 10380 rpm and 370 K, the condition where the viscous effects are 
smallest the steady value is reached for both air and CO2 at gaps larger than 5µm. The high 
opening forces with small film thicknesses are created by the fact that here the pumping of 
the grooves is strongest and that the dam creates the best flow obstruction. These effects 
together create high peak pressures, which yield the biggest net opening forces. Overall the 
observed trends for air and CO2 are similar.  
When considering the effect of rotational speed, while keeping the temperature 
constant, it is observed that at low gap heights (h < 5 µm) the higher speed creates, the higher 
opening forces. This is expected as higher speeds create increased viscous pumping. 
However, for high gap heights (h > = 6 µm), this trend is reversed. This can be attributed to 
the lower pressures in the dam region as shown in Figure 4.13(a), 4.15(a) and 4.17(a), which 
are caused by the centrifugal force that causes a reduction of pressure in the sealing dam at 
high rotational speeds.  
When considering the effect of temperature, while keeping rotation speed constant, it 
is observed that for air this creates a notable offset in opening force (approx. 1.0 – 2.0 kN). At 
a rotational speed of 10380 rpm as temperature increases, the viscous pumping in the grooves 
increases due to the increase in viscosity with temperature. At high rotational speed, this 
effect is slightly enhanced due to the different pressure distributions in the dam region (e.g. 
Figure 4.11(a) and 4.12(a)). Here higher pressures are created for the less dense air at 740 K.  
 
95 
 
  
(a) (b) CO2  
Figure 4.19: Opening force, Fo at different rotation speed and film gap for ideal and real gas, 
(a) Air (ideal gas equation of state) and (b) CO2 (Span and Wagner equation of state). 
 
4.3.4  Leakage Rate 
 
Figure 4.20 shows the leakage rate for air and CO2. For all cases, it is shown that as the film 
gap increases, which is equivalent to an increase in total flow area, so does the leakage rate. 
In addition, leakage rates are also strongly influenced by temperature, which inversely 
correlates with density. The strong link between density and mass flow rate indicates the 
importance of density on seal performance.  
 For high-temperature case (triangular symbol) as shown in Figure 4.20, the leakage 
rate is almost the same for the two rotational speeds at low film gap (h < 4 μm). However, as 
the film gap increases (h > 5μm) the leakage increases more rapidly for the rotational speed 
of 10380 rpm in comparison with 30000 rpm. This is the result of reduced inward pumping in 
the groove region as the film gap increases and the increase of the outward pumping effect as 
rotational speed increases. The outward pumping effect is as a result of the stronger 
centrifugal effect as rotational speed increases.  
 For the low-temperature case (circular symbols), the overall trend for both speeds and 
gases is again similar. However now a notable discrepancy between low speed and the high 
speed is observed. For both air and CO2 leakage reduces by more than 20% as rotational 
speed increases to 30000 rpm, for the largest gap. However, for low gap heights (h <4μm), 
the leakage is comparable. This is the result of two opposing effects caused by the high 
density and real gas effects. First, the high density and real gas effects enhance the 
performance of the sealing dam and the grooves, resulting in higher peak pressures at the 
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groove ends as shown in Figure 4.13 and 4.15. However, these increases in pressure 
differential across the dam also increase leakage. The result is that the actual leakage from the 
grooves towards the seal outlet increases. As this change approximately balances with the 
centrifugal effect, which decreases leakage, comparable results are observed for the denser 
gas (lower temperature). The bigger change for CO2 has attributed the real gas effect that is 
present at the end of the groove discussed earlier.  
  
          (a) Air               (b) CO2 
Figure 4.20: Mass flow rate, ?̇? at different rotation speed and film gap for ideal and real gas, 
(a) Air (ideal gas equation of state) and (b) CO2 (Span and Wagner equation of state). 
 
4.3.5 Film stiffness 
 
Figure 4.21  shows the film stiffness at different operating temperatures, rotation speeds and 
film thickness for air and CO2 respectively. The film stiffness is calculated by differentiating 
a 4th order polynomial of opening force shown in Figure 4.19. See Appendix D for details 
about selection of the appropriate polynomial order. As expected due to the reduced pumping 
effect, as the film gap increases, the film stiffness decreases and asymptotes towards a 
constant value. At the low film thickness, the viscous effects and pumping of the grooves is 
strongest. These effects create high peak pressures and a rapid variation in lift force with gap 
height, which yields higher film stiffness. 
 Overall, the film stiffness for air is higher than CO2 at the low speed and vice versa at 
high speed, for the same temperature. As the speed increases, the pumping effect increases 
especially for CO2, thereby increasing film stiffness. For both gases, the pumping effect is 
most significant at high rotational speed and low film thickness, yielding the  highest film 
97 
 
stiffness. At a rotational speed of 10380 rpm and 370 K, the condition where the viscous 
effects are smallest, the steady value is reached for both air and CO2 at gaps larger than 5µm. 
Overall the observed trends for air and CO2 are similar. 
When considering the effect of rotational speed for both air and CO2, while keeping 
the temperature constant, as speed increases the higher film stiffness created. This is expected 
as higher speeds increases viscous pumping, thereby creating a higher film stiffness.  
When considering the effect of temperature for both air and CO2, while keeping 
rotation speed constant at lower speed, it is observed that at high gap heights (h  ≥ 4 µm), the 
higher temperature corresponds to the higher the film stiffness. This is expected as the 
viscous pumping in the grooves increases due to the increase in viscosity with temperature. 
However, at the lowest gap height, this trend is reversed. This could be caused by the highest 
pumping effect generated at the lowest operating gap near the critical point at low 
temperature, result in higher film stiffness from h = 3 µm to h = 4 µm. This causes the larger 
opening force gradient (Figure 4.19) at the low speed and low temperature where the 
viscosity is smallest, for both air and CO2.  
 For air, at high rotation speed where the pumping effect is higher than at low rotation 
speed, these trends are not observed. This indicates the effect of higher viscosity (related to 
higher temperature) is more dominant than the effect of pumping at high temperature and 
high speed (ω = 30000 rpm). For CO2, it is observed that at low gap heights (h ≤ 5 µm), the 
lower temperature, the higher the film stiffness. This is because for CO2, due to the real gas 
effect as previously discussed, the higher viscous pumping is observed as compared to air as 
shown in Figure 4.13 - 4.18. Therefore, the effect of higher pumping effect (i.e. to increase 
the film stiffness) overcomes the effect of the reduction of viscosity at low temperature which 
become more dominant for higher speed and CO2. As the gap height increases, the pumping 
effect decreases thereby larger reduction of viscous pumping, and the film stiffness 
subsequently decreases as the effect of viscosity become more dominant (i.e. low viscosity 
and film stiffness at the lower temperature). This result in the reverse trend for h  ≥ 5 µm as 
shown in Figure 4.21(b). 
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    (a) Air        (b) CO2 
Figure 4.21: Film stiffness, kf  at different rotation speed and film gap for ideal and real gas, 
(a) Air (ideal gas equation of state) and (b) CO2 (Span and Wagner equation of state). 
 
4.4  Seal Comparison 
 
The aim of this section is to explore how seal performances change between two seals having 
a different groove to dam ratios, for rg = 66 mm and rg = 69 mm with the operating 
temperature of 370 K and ω = 30000 rpm. As the overall seal width is fixed, reducing the 
dam width results increased groove length and vice versa.  
 To gain an understanding of the flow within the seal and how this is affected by 
different geometries, important factors influencing fluid flow, such as centrifugal effects, 
inertial effects, and viscous pumping are discussed in this section. 
 
 
4.4.1  Centrifugal Force Ratio, 𝜅 
 
To access the relative importance of centrifugal effect to the pressure forces in the radial 
direction, the force ratio of centrifugal force, to pressure force, 𝜅 is defined as 𝜅 (see 
Appendix A for derivation) : 
 
𝜅 =  
𝜌  ?̅?𝑇
2
𝑟 
𝑑𝑃
𝑑𝑟
 
(4.3) 
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Where 𝜌 and ?̅?𝑡
2 are the average density and mean tangential velocity respectively. It has 
been shown that for shear driven, turbulent flow between two plates the bulk of the fluid 
moves at half the velocity of the moving wall [76]. Using this approximation:  
 
?̅?𝑡 =  
𝜔𝑟
2
 
(4.4) 
 
And the value of centrifugal force ratio, 𝜅 can be expressed as:  
 
𝜅 =
1
4
𝜌  𝜔2𝑟
𝑑𝑃
𝑑𝑟
 
(4.5) 
 
4.4.2  Centrifugal Effects  
 
Due to rotor rotation and resulting tangential fluid motion, the fluid within the seal 
experiences a centrifugal force, which can influence seal performances. A direct consequence 
of the increased gas density when using supercritical CO2 (see Table 3.2), is that this force is 
amplified with CO2. To assess the effect of this centrifugal force on the dry gas seal 
performances the flow in the dam region where the effect of the groove is excluded can be 
analysed. Figure 4.22 shows plots of dimensionless centrifugal force ratio, 𝜅 to quantify the 
effect of the centrifugal force (i.e. outward force) to the pressure force (i.e. inward force) and 
pressure normalised with respect to the peak, groove pressure Pg.  
As shown in Figure 4.22(a), the centrifugal force ratio,𝜅 peaks at approximately 0.9 
along the dam. From this point it decrease slightly towards the groove (r-rr)/(rg--ri) >0.9 and 
smoothly decrease toward the inner radius where it reaches zero. These trends can be 
explained by reviewing equation 4.3. Centrifugal force ratio,𝜅 increases with radius and 
density and is inversely proportional to the pressure gradient. Thus, the increase in 𝜅 starting 
from the inner edge is a direct consequence of increasing pressure (density) and radius. The 
drop off in 𝜅 close to the groove is caused by the higher pressure gradient close to the end of 
the groove. This is expected to be a localized result caused by the high pressure at the groove 
tip. Furthermore, as shown in equation 4.3, 𝜅 inversely proportional to pressure gradient.
 Therefore, the seals with the wider dam (lower gradient) experiences higher 
centrifugal effect than the seal with the narrower dam. A somewhat counter-intuitive result is 
that, for the same geometry as the operating gap increases, the force ratio, 𝜅 increases. This is 
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the case, as for the higher operating gap, the maximum pressure reached at the end of the 
groove, Pg is lower. The resulting lower pressure gradient causes, 𝜅 to increase. Therefore, it 
is worth noting that this does not indicate that the centrifugal effect is changing, when 
increasing the operating gap but rather that the pressure force is changing. The peak 
magnitude of the force ratio is between 0.02 and 0.05, implying that pressure gradient effect 
is 20 -50 times as strong as the centrifugal effect. Nevertheless by reviewing the non-
dimensional pressures in Figure 4.22(b) it becomes apparent that this small centrifugal force 
can have a significant effect on pressures within the sealing dam. 
Figure 4.23 shows the hydrostatic pressures in the dam region at zero rotation for 
respective groove pressure Pg at different operating gaps and geometries, calculate using the 
Reynolds equation [70]. For the same gap height, the results are comparable and only weakly 
related to dam width, rg suggesting that the pressure profile is only weakly related to 
𝑑𝑃
𝑑𝑟
. In 
addition a weak trend is seen, which shows higher pressures for geometries with high groove 
pressures, Pg. 
 Comparison of the Figure 4.22(b) data to reference data obtained or an equivalent but 
non-rotating dam (see Figure 4.23) confirms that these variations are caused by the 
centrifugal effects and not by changes in pressure differential or dam length (variations of Pg 
or 
𝑑𝑃
𝑑𝑟
). Consistent with work completed by Garratt et al. [70], the centrifugal effect cause a 
reduction of pressure across the seal face. Hence seals with a small gap height and using a 
wider dam, experience a lower pressure.  
 For the current seal, the magnitude of the centrifugal effect is small 𝜅 < 0.05. 
However seals with a wider dam or seals operating with a smaller pressure drop could see 𝜅 
increase significantly. In such cases the pressure within the dam would start to approach the 
outlet pressure. 
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(a) (b) 
Figure 4.22: Plots of centrifugal force ratio, 𝜅 and normalized pressure in the radial direction 
(extracted along line shown in Figure 3.5) across the dam region. Data plotted along line at 𝜃 
= 8.50 and z = 0.5h, (a) Centrifugal force ratio and (b) Pressure.  
 
 
 
Figure 4.23: The non dimensional hydrostatic pressure in the radial direction (extracted 
along line shown in Figure 3.5) across the dam region for different groove pressure plotted 
using Reynolds equation [20]. 
 
 
4.4.3  Pressure profiles  
 
Figure 4.24 shows the pressure distribution in the radial direction of the various operating 
gaps and geometries. Generally, increasing the operating gap causes the pumping effects 
hence the pressure distribution to reduce in the groove region. This is similar as reported by 
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Gabriel [24] and demonstrated that the amount of gas pumped inward is dependent on the 
operating gap. When the operating gap is small, the viscous shear action is more intense and 
more gas is pumped inward. This results in the high-pressure regions at the end of the groove 
wall. However, the results show that the peak pressure at the end of the short grooves remains 
slightly higher than for the long grooves, especially for bigger operating gaps. These effects 
are attributed to the viscous friction and centrifugal effects to overall pumping efficiency as 
will be discussed next. 
To understand this phenomenon, besides the viscous shear action, the balance of 
mass-flow between the fluid entering the groove and the flow leaving the groove toward the 
dam region should be considered.  This mass flow balance directly influences the pumping 
effect and the peak pressure in the groove. The centrifugal and viscous friction effects in the 
dam region directly influence the leakage rate from the groove towards the seal outlet. The 
centrifugal force is an outward force that leads to the lower leakage as previously discussed. 
Consequently, the much stronger centrifugal effect results in a higher pressure by lowering 
the leakage from the groove to the dam region. Similarly, the longer dam exhibits higher 
viscous friction and also provides a better barrier for the fluid to flow inwards. Hence the 
combined effect of increased centrifugal force, which is largest for wide dams and the 
increased viscous effects reduce leakage out of the groove end. Therefore, as demonstrated in 
the Figure 4.24, seals with a wider dam have a larger pressure increase in the groove region.  
However, the downside of this seal with a widerdam is, that here the centrifugal effect 
causes a reduction of pressure across the dam. Hence, the seals with a wide dam have a lower 
pressure across the dam compared to seals with the shorter dam. As discussed later this 
results in a reduced net lift force. This is the case for all operating gaps. 
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(a) (b) 
 
(c) 
Figure 4.24: The pressure profile in radial direction (extracted along line shown in Figure 
3.5) for different gap heights, (a) h = 3.05 µm (b) h = 5.08 µm and (c) h = 7 µm. 
 
4.4.4  Pressure contours  
 
The distributions of pressure in the sealing gap film are shown in Figure 4.25, Figure 4.26 
and Figure 4.27 for the three operating gaps respectively. As expected both geometries, 
develop a localized high-pressure region at the end of the groove region at the lowest 
operating gap. Here, the pressure is enhanced by the pumping effect that is mainly generated 
by the viscous pumping in the groove and the centrifugal and viscous frictions effects in the 
dam region that limited flow in the downstream direction. The remaining land and dam 
region show an almost uniform circumferential pressure that decreases from outer to the inner 
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edge of the seal. When the operating gap increases, the pumping effect decreases. This leads 
to a relatively low-pressure rise in the groove region and the remaining land and dam region 
show a more uniform circumferential pressure than that observed at the lowest operating gap.  
These patterns are generally stronger for the longer dam case as the pumping effect is 
higher due to the stronger flow barrier in the dam generated by higher viscous friction and 
centrifugal effects. This confirms that for operation with supercritical CO2 seal performance 
including the lift generated by the grooves is more strongly affected by the dam than actual 
groove dimensions. The seals with a wider dam (shorter groove) actually generate more of 
pressure increase in the grooves than the seals with longer grooves.  
 
 
            (a) 
 
                                    (b) 
  
Figure 4.25: Static pressure contours gap h = 3.05 µm, (a) longer groove, rg = 66 mm and 
(b) shorter groove, rg = 69 mm. 
 
 
             (a)                                                                                                                                                                        
 
         (b)
  
Figure 4.26: Static pressure contours gap h = 5.08µm, (a) longer groove, rg = 66 mm and 
(b) shorter groove, rg = 69 mm. 
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            (a) 
  
 
             (b) 
 
Figure 4.27: Static pressure contours gap h = 7 µm, (a) longer groove, rg = 66 mm and (b)  
shorter groove, rg = 69 mm. 
 
4.4.5  Opening Force  
 
Figure 4.28 shows the total seal opening force. The results indicate that for both geometries, 
increasing the operating gap causes the opening force to reduce. This is due to the reduction 
of the peak pressure in the groove with increasing operating gap. However, despite the seal 
with the long dam (short groove) generating the maximum peak pressure at the end of the 
grooves, this geometry actually generates less lift. This caused by the lower pressure (see 
Figure 4.24) in the dam region for the seals with a long dam.  
 
 
Figure 4.28: Variation in opening force as operating gap changes. 
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In seals with a long dam, the centrifugal effects cause a more rapid reduction in the 
pressure close to the outer radius of the dam. This causes a significant reduction in the net 
opening force of the seal. 
Therefore for the current seal geometry and operating conditions, increasing the dam 
width, causes a decrease in total lift force. 
 
4.4.6  Leakage Rate 
 
Figure 4.29 shows the relationship between the leakage rate and operating gap. When the 
operating gap and hence the outflow area increases, so do leakage rate. The results indicate 
that the leakage rate for the seals with the wider dam (shorter groove) remains lower than that 
observed for, the longer groove. This is attributed to the combination of higher viscous 
friction effect in the longer dam and the centrifugal effects that generate a better flow barrier.  
Therefore, for the current seal design and operating conditions, the viscous friction 
and centrifugal effects are beneficial by lowering the leakage rate which is an important 
characteristic for designing a seal. 
 
Figure 4.29: Variation in leakage rate as operating gap changes. 
 
4.5 Conclusions 
 
To enhance the understanding of dry gas seals operating with CO2 at supercritical conditions 
a numerical study was completed. First, the numerical model was validated for operation with 
the air by comparing predictions to previously computed data from the literature. Good 
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agreement was achieved with errors in groove pressure of less than 0.3% and opening force 
of less than 6 %.  
 Next, to quantify real gas effects that affect CO2 thermal and transport properties near 
the critical point, a comparison study was performed. The ideal gas equation of state and 
Span and Wagner equations of state (incorporating real gas effects) were compared at T = 
370 K near the critical point and 740 K far from the critical point. Comparison of the 
resulting fluid properties and seal performance parameters indicate that close to critical point 
the real gas effect is significant whereas far from critical point (i.e. at T = 740 K ) the 
supercritical fluid resembles an ideal gas. The main differences in performance arise in the 
seal grooves and at the end of the sealing dam closest to the grooves. Here a more rapid 
change in gas density enhances performance. Hence when simulating seals operation far from 
the critical point, it is acceptable to use the ideal gas relationship. However when the 
operating point is close to the critical point, real gas effects are significant, and an appropriate 
equation of state is required to correctly capture the fluid dynamics, particularly at the end of 
the grooves.  
 Finally, the paper conducts a study comparing the same seal geometry operating with 
air and CO2 at four operating points. (Pi = 8.5 MPa, ω = 10380 and 30000 rpm, Ti = 370 and 
740 K). This provides insight into how seal operation is affected by denser CO2, the real gas 
effects and the resulting centrifugal effects that influence the performance of the sealing dam. 
In the dam region of the seal, the centrifugal effect causes both improved sealings, higher 
peak pressures at the end of the grooves and a reduction of average pressure due to improved 
sealing at the outer dam diameter. This effect is enhanced for CO2 due to real gas effects. The 
net effect is a reduction of the opening force at high rotation speed where the centrifugal 
effect is most significant. However, at the same time, this localized centrifugal effect also 
reduces seal leakage, which is beneficial for seal performance. At low opening gaps, when 
high peak pressure is generated in the grooves, the improved sealing maintains low leakage 
rates. At high gaps, the centrifugal effects lead to leakage reductions above 20%. In general, 
the film stiffness for the supercritical CO2 is higher than air at high rotational speed and vice 
versa at low rotational speed. The more significant real gas effect as the speed increases 
causes the observed difference. 
 In general, it has been shown that operation with supercritical CO2 close to the critical 
point (Pi = 8.5 MPa, Ti = 370 K) is not detrimental to seal performance. The opening force is 
comparable to that of an equivalent seal operating with ideal gases. Seal leakage remains 
similar, but scales with inlet density. At low gap heights,equivalent leakages are observed. 
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However, at high rotational speeds, a notable leakage reduction exists due to a combination 
of centrifugal and real gas effects.  
 It was observed that seals with a longer dam (shorter groove) experience higher 
viscous friction and centrifugal effects in the dam region than seals with a shorter dam 
(longer groove). Consequently as the leakage from groove to the dam region is lower, seals 
with a wide dam have lower leakage rates and attain higher peak pressures at the end of the 
groove. 
However, as the centrifugal effect is strongest just inwards of the groove end, the 
seals with a wide dam experience a more rapid pressure drop within the dam region. Hence, 
the total opening force remains lower for these seals. Therefore, seals with a wide dam and 
short groove perform marginally better in term of the opening force (1-4.5% increase in lift) 
whereas seals with a short dam and long groove perform better by reducing the leakage mass 
flow rate (10-25.6% decrease in  leakage rate).  
Hence, for seals operating with supercritical CO2 the seal dam to grove width ratio 
allows adjustment of the seal performance and particularly seal leakage. Seals with wider 
dams are preferred as these lead to increased performance in relation to leakage at the same 
time the impact on generated lift force is small.   
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CHAPTER 5 
CONJUGATE HEAT TRANSFER AND OPTIMIZATION ANALYSIS FOR 
SUPERCRITICAL CO2 DRY GAS SEAL DESIGN 
 
5.1  Introduction 
 
Dry gas seals are proposed to replace high leakage labyrinth seal, in a prototype supercritical 
CO2 at the University of Queensland. The application is for the shaft radius, ro (~20 - 30 mm), 
high shaft speed, ω (~120000 rpm) and pressure ratio of 90 corresponding to inlet pressure, Pi 
(~ 9 MPa) and outlet pressure, Po (~ 0.1 MPa). To ensure successful operation, the face 
geometry of the seal needs to be optimized. The effect of groove radius (i.e., groove to dam 
ratio) and spiral angle are varied to investigate the effects of these parameters on opening 
force, leakage rate, and film stiffness for different film thickness or operating gap. A CHT 
simulation coupling the fluid and the solid region, is performed. The optimum design from 
CHT model that gives the best performance, compromising of the opening force, leakage 
rate, and film stiffness is selected and is used to study the effect of deformation in the dry gas 
seal, discussed in Chapter 6. 
 
5.2  The Seal Face Geometry Optimization.  
 
In order to design a seal that suits the supercritical CO2 application, a selection of seal face 
geometries parameters need to be investigated to optimized the dry gas seal performances 
under the corresponding operation condition. The sealed fluid pressure is 9 MPa, and 
temperature is 370 K. The details of the geometry and operating conditions are discussed in 
section 3.9. 
The groove depth is set at hg = 5 µm similar the previous work [24], with the intention 
for inflow area to remain constant to control the leakage rate.  For simplicity,  twelve 
grooves, as used in the previous work [24] are utilized. A land to groove ratio of unity and a 
spiral angle between 10 to 30 degrees have been shown, through analysis and testing, to be a 
practical compromise between seal leakage and performance [24]. Hence, the land to groove 
ratio of is set to unity and the spiral angles of 15o, 20o, 25o, 30o are chosen for the present 
studies with the additional of 35o spiral angle as testing case.  The influences of the spiral 
angle and groove to dam ratio (or groove radius) parameters on the performances of the seal 
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are the primary focus of present studies. Their trend is investigated for different film 
thicknesses.  
The details of the geometry parameters for the optimization are summarized in Table 
5.1. The effects of groove root radius or dam to width ratio, and spiral angle and at different 
film thickness are studied. The dam to width ratio is defined in equation 5.1. For the first 
stage of optimization (section 5.2.1 – 5.2.4), spiral angle, α =15o-25o degree, groove root 
radius, rg = 15mm (DWR = 0.33), , rg = 15.5mm (DWR = 0.37), rg = 16mm (DWR = 0.42),  
rg = 16.5mm (DWR = 0.47) and , rg = 17 mm (DWR = 0.53) and different film thickness of h 
= 3-7 µm are selected. The dam to width ratio (DWR) is defined as by Sedy [63]: 
 
𝐷𝑊𝑅 =  
𝑑𝑔
2 − 𝑑𝑖
2
𝑑𝑜
2 − 𝑑𝑖
2 
(5.1) 
 
 The second stage of the optimization (5.2.5) further optimize the spiral angle. The 
details of the geometry specification, material of seal rings and operating condition, for the 
simplified model are summarized in Table 3.6, Table 3.7 and Table 3.8 respectively.   
 
Table 5.1: Geometry parameters for seal face optimization. 
Parameters Value 
Groove root radius, rg(mm) 15, 15.5, 16, 16.5, 17 
Spiral angle, α (degree) 15, 20, 25, 30 and 35 
Film thickness, h (µm) 3-7 
 
 
5.2.1  Pressure 
 
Figure 5.1 shows the pressure contours at the minimum film thickness of h  = 3 µm, and 
spiral angle of α = 25o with the minimum groove radius, rg = 15 mm and other is maximum 
groove radius, of rg = 17 mm. The pressure profiles are plotted as shown in Figure 5.2. 
 Increasing the groove radius  (i.e., wider dam or shorter groove) causes the pumping 
effect to increases in the groove region. The lower pressure distribution  is observed in the 
dam region for the same radius when the groove radius increases. The wider dam cause the 
increase of viscous friction and centrifugal effect (i.e., act in the outward flow direction) as 
discussed in Chapter 4. Consequently, a better flow barrier for the inward flow exists that 
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leads to the lower flow velocity hence increases the pressure in the dam region.  The 
downside of the seal with wider dam is the higher centrifugal effects cause a reduction of 
pressure across the dam as shown in Figure 5.2. The reduction of pressure for wider dam 
across the dam region (Figure 5.3) indicate the higher centrifugal force as reported in the 
previous literature [70] and Chapter 4.   
 
    
 
 (a)  (b) 
Figure 5.1: Static pressure contours at h  = 3 µm and α = 25o with different groove radius, 
rg  (a) rg = 15 mm and (b) rg = 17 mm.   
 
 
Figure 5.2: Plot of pressure profiles in the radial direction (extracted along line shown in 
Figure 3.5) at h  = 3 µm and θ = 8.5o and α = 25o with different groove radius, rg.  
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Figure 5.3: Plot of non dimensional hydrostatic pressure in the radial direction (extracted 
along line shown in Figure 3.5)  across the dam region. at h  = 3 µm and θ = 8.5o and α = 
25o with different groove radius, rg. 
 
Figure 5.4 shows the pressure distribution at the minimum film thickness, h  = 3 µm, 
constant groove radius,  rg = 16 mm and with different spiral angles of α = 15o and α = 25o. 
The pressure profiles are shown in Figure 5.5. 
 Increasing the spiral angle cause the pumping effect to increases in the groove region 
and the dam region. As shown in Figure 5.4 and 5.5, the pumping effect for the larger spiral 
angle shows a substantial increases in the groove region, an increase almost of 1 MPa.  
  
    
 (a)  (b) 
    
Figure 5.4: Static pressure contours at h  = 3 µm and rg = 16 mm  with different groove angle, 
α (a) α = 15o and (b) α = 25o.  
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Figure 5.5: Plot of pressure profiles in the radial direction (extracted along line shown in 
Figure 3.5) at h  = 3 µm and θ = 8.5o and rg = 16 mm with different groove angle, α. 
 
Figure 5.6 shows the non dimensional pressure acroos the sealing dam. Due to the 
same groove radius or constant dam area for both cases, no significant change is observed. 
The smaller spiral angle shows a slight increase in non-dimensional pressure thereby 
indicates the centrifugal effect variation is small for both spiral angle.   
 
 
Figure 5.6: Plot of pressure profile in the radial direction (extracted along line shown in 
Figure 3.5) at h  = 3 µm and θ = 8.5o and rg = 16 mm with different groove angle, α. 
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5.2.2  Opening force. 
 
Figure 5.7 shows the opening force for different groove radius and spiral angle as film 
thickness changes. As expected, the opening force substantially decreases with increasing gap 
height. A fourth order polynomial can be fitted accurately to the data (R2=1). Details in 
Appendix D.  
 Generally, an increase in groove radius decreases the opening force.  The exception is 
rg = 16 mm and rg = 16.5 mm at h  = 3 µm (Figure 5.7(c)) which become indistinguishable.  
The highest opening force is observed for the smallest groove radius, rg = 15 mm.  The effect 
groove radius on the maximum for a constant spiral angle, is approximately -1.1%, -1.8 %, -3 
% and -4.2 % for rg = 15.5 mm, rg = 16 mm, rg = 16.5 mm and rg = 17 mm respectively as 
shown in Table 5.2 – 5.4. The higher opening force for the shorter dam case is caused by the 
higher pressure in the dam region, despite the lower pressure in the groove region, as shown 
in Figure 5.1-5.3. Hence, an increase of the groove radius decreases the opening force.  
In general, an increase of the spiral angle results in an increase in opening force. 
Comparing the highest opening force observed for α = 25o, the reduction is approximately -
4.6% and -1.9% for α = 15o and α = 20o respectively for the same groove depth and film 
thickness as shown in Table 5.5. This difference increases as the film thickness decreases. As 
aforementioned in section 5.2.1, when the spiral angle increases, the pressure in the groove 
region increases as shown in Figure 5.4 and 5.5. Hence, the increase of the spiral angle 
increases the opening force. Similar observations are mentioned in [11].    
Overall, the effect of changing the groove radius and the spiral angle on the opening 
force is less than 4.6 %.  
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(a) (b) 
 
(c) 
Figure 5.7: The opening force, Fo versus film thickness for different groove radius, rg and 
spiral angle, α  (a) α = 15o, (b) α = 20o and (c) α = 25o.  
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Table 5.2: The effect of groove radius on the opening force in comparison with rg = 15 mm 
(DWR = 0.33) for α = 15o. 
 
 Dam to width ratio, DWR 
 0.33 0.37  0.42  0.47  0.53  
 Opening force, Fo 
h (kN) % (kN) % (kN) % (kN) % (kN) % 
3 7.89 0.0 7.82 -0.9 7.77 -1.4 7.65 -3.0 7.56 -4.2 
4 7.54 0.0 7.47 -0.9 7.41 -1.7 7.33 -2.8 7.22 -4.2 
5 7.35 0.0 7.28 -0.9 7.23 -1.7 7.16 -2.6 7.06 -3.9 
6 7.24 0.0 7.17 -0.9 7.13 -1.5 7.07 -2.3 6.99 -3.5 
7 7.17 0.0 7.11 -0.8 7.08 -1.3 7.03 -2.0 6.95 -3.1 
 
 
Table 5.3: The effect of groove radius on the opening force in comparison with rg = 15 mm 
(DWR = 0.33) for α = 20o. 
 
 Dam to width ratio, DWR 
 0.33  0.37  0.42  0.47  0.53  
 Opening force, Fo 
h (kN) % (kN) % (kN) % (kN) % (kN) % 
3 8.11 0.0 8.04 -0.9 7.96 -1.8 7.89 -2.7 7.77 -4.2 
4 7.64 0.0 7.56 -1.1 7.51 -1.8 7.43 -2.8 7.33 -4.1 
5 7.40 0.0 7.32 -1.1 7.28 -1.6 7.21 -2.6 7.12 -3.8 
6 7.26 0.0 7.18 -1.1 7.16 -1.4 7.09 -2.3 7.02 -3.3 
7 7.18 0.0 7.11 -1.1 7.09 -1.3 7.03 -2.1 6.97 -3.0 
 
 
Table 5.4: The effect of groove radius on the opening force in comparison with rg = 15 mm 
(DWR = 0.33) for α = 25o.  
 
 Dam to width ratio, DWR 
 0.33  0.37  0.42  0.47  0.53  
 Opening force, Fo 
h (kN) % (kN) % (kN) % (kN) % (kN) % 
3 8.27 0.0 8.19 -0.9 8.16 -1.3 8.16 -1.2 8.09 -2.1 
4 7.72 0.0 7.65 -0.9 7.59 -1.7 7.55 -2.2 7.49 -3.1 
5 7.45 0.0 7.38 -0.9 7.31 -1.8 7.26 -2.5 7.20 -3.3 
6 7.29 0.0 7.23 -0.9 7.16 -1.7 7.12 -2.4 7.06 -3.1 
7 7.20 0.0 7.14 -0.8 7.08 -1.6 7.04 -2.3 6.99 -2.9 
 
 
 
117 
 
 
Table 5.5: The effect of groove angle on the opening force in comparison with α = 25o for rg 
= 15 mm.  
 
Groove angle, α (degree) 
 15o  20o  25o  
                                           Opening force, Fo 
h (kN) % (kN) % (kN) % 
3 7.89 -4.6 8.11 -1.9 8.27 0.0 
4 7.54 -2.4 7.64 -1.0 7.72 0.0 
5 7.35 -1.3 7.40 -0.6 7.45 0.0 
6 7.24 -0.7 7.26 -0.4 7.29 0.0 
7 7.17 -0.4 7.18 -0.3 7.20 0.0 
 
 
5.2.3  Leakage Rate. 
 
Figure 5.8 shows the leakage rate for different groove radius and spiral angle as film 
thickness changes. As expected, the leakage rate substantially increases when the film 
thickness increases due to the increases of the flow area. 
The increase of the groove radius decreases the leakage rate.  The lowest leakage rate 
are observed for the widest dam, rg = 17 mm (DWR = 0.53). Comparing the effect of groove 
radius to the lowest leakage rate case (i.e., rg = 17 mm) for the same spiral angle, the 
variations are approximately 29.2 %, 28.5 %, 21 % and 13.8 % for rg = 15 mm, rg = 15.5 mm, 
rg = 16 mm and rg = 16.5 mm respectively as shown in Table 5.6 - 5.8. The results 
demonstrate that when the film thickness decreases, the variation increases (i.e., comparing 
the effect groove radius with the rg = 17 mm for the same spiral angle).  Hence the highest 
variation is at the lowest film thickness, h  = 3 µm. As mentioned in section 5.2.1, the 
increase of the groove radius cause an increase of the centrifugal effect and viscous friction 
results in a better flow barrier to flow inward (i.e., toward the inner edge, ri) as clearly 
demonstrated in Figure 5.2 and 5.3, in the dam region. Consequently, the outward force due 
to the centrifugal effect and the higher viscous friction results in the lower leakage rate. The 
higher peak pressure for the wider dam can also influence the outward flow and the pressure 
gradient from the high-pressure area of the groove region toward the low pressure region in 
the land region of the seal as shown in Figure 5.5. Hence, the increase of the groove radius 
decreases the leakage rate.  
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 In general, the increasing the spiral angle increases the leakage rate, when groove 
radius and film thickness are constant.  Comparing the effect of the spiral angle with the 
lowest leakage rate, for the spiral angle, α = 15o and groove radius, rg = 17 mm, the variations 
are approximately 5.7 % and 14.3 % for α = 20o and α = 25o respectively as shown in Table 
5.9. The results demonstrate that when the film thickness decreases, the variation increases, 
hence the highest variation is observed at the lowest film thickness of h  = 3 µm where the 
leakage rate is lowest. Only h  = 3 µm and α = 25o show a variation of more than 10%, 
whereas the rest vary by less than 10% indicating that the effect of spiral angle is rather less 
significant.  
 
  
(a) (b) 
 
(c) 
Figure 5.8: The mass flow rate, ?̇? versus film thickness for different groove radius, rg and 
spiral angle, α  (a) α = 15o, (b) α = 20o and (c) α = 25o.  
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As previously explained in section 5.2.1, the effect of centrifugal effect and viscous 
friction is less significant for the groove angle variation (i.e., when the groove radius is kept 
constant) than the effect of groove radius due to the same dam size (or groove size). This 
leads to lower variation when the spiral angle changes compared to the effect of groove 
radius as previously discussed. However, when the spiral angle increases, the peak pressure 
increases. Thereby, the leakage from the high pressure region in the groove to low pressure 
region in the dam of the seal increases that results in the leakage rate increase as shown in 
Figure 5.8 and Table 5.9.  The increase of the spiral angle increases the leakage rate when 
groove radius and film thickness are set constant especially for the larger spiral angle where 
the pumping effect is largest.   
 
Table 5.6: The effect of groove radius on the leakage rate in comparison with rg = 17 mm 
(DWR = 0.53) with α = 15o  is set constant. 
 
 Dam to width ratio, DWR 
 0.33  0.37  0.42  0.47  0.53  
 Leakage rate, ?̇? 
h 
(104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% 
3 6.14 29.2 5.73 20.5 5.41 13.8 5.03 5.8 4.75 0.0 
4 10.60 23.6 9.99 16.5 9.51 10.9 9.04 5.4 8.58 0.0 
5 15.74 18.4 15.01 12.9 14.42 8.5 13.88 4.5 13.29 0.0 
6 21.58 15.3 20.70 10.6 20.07 7.2 19.43 3.8 18.72 0.0 
7 28.01 12.4 27.04 8.5 26.37 5.8 25.70 3.1 24.92 0.0 
 
 
Table 5.7: The effect of groove radius on the leakage rate in comparison with rg = 17 mm 
(DWR = 0.53) with α = 20o  is set constant. 
 
 Dam to width ratio, DWR 
 0.33  0.37  0.42  0.47  0.53  
 Leakage rate, ?̇? 
h 
(104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% 
3 6.5 29.1 6.1 21.0 5.7 12.8 5.4 6.6 5.0 0.0 
4 10.9 23.1 10.3 16.7 9.7 10.3 9.3 5.2 8.8 0.0 
5 15.9 18.0 15.3 13.1 14.6 8.2 14.0 4.0 13.5 0.0 
6 21.7 14.9 20.9 10.9 20.2 6.9 19.5 3.4 18.9 0.0 
7 28.1 12.1 27.3 8.9 26.4 5.6 25.7 2.8 25.0 0.0 
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Table 5.8: The effect of groove radius on the leakage rate in comparison with rg = 17 mm 
(DWR = 0.53) with α = 25o is set constant.  
 
 Dam to width ratio, DWR 
 0.33  0.37  0.42  0.47  0.53  
 Leakage rate, ?̇? 
h 
(104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% 
3 6.8 24.7 6.3 15.8 6.0 9.9 5.7 5.3 5.4 0.0 
4 11.1 21.3 10.4 14.2 9.9 8.5 9.5 4.2 9.1 0.0 
5 16.1 17.4 15.3 11.8 14.7 7.0 14.2 3.4 13.7 0.0 
6 21.9 14.7 20.9 10.0 20.2 5.8 19.6 2.8 19.0 0.0 
7 28.2 12.2 27.2 8.2 26.3 4.8 25.7 2.2 25.1 0.0 
 
Table 5.9: The effect of spiral angle on leakage rate variation in comparison with α = 15o and 
with rg= 17 mm is set constant. 
 
Groove angle, α (Degree) 
 15o  20o  25o  
                                             Leakage rate, ?̇? 
h (104 ∙kg/m3) % (104 ∙kg/m3) % (104 ∙kg/m3) % 
3 4.75 0 5.03 5.7 5.43 14.3 
4 8.58 0 8.82 2.8 9.15 6.7 
5 13.29 0 13.49 1.5 13.72 3.2 
6 18.72 0 18.88 0.8 19.04 1.7 
7 24.92 0 25.04 0.5 25.13 0.9 
 
Overall, the impact of the face seal geometry on the effect of the leakage rate is lies 
between 10% to 30%. This is significant. The effect groove radius shows a more significant 
impact than then the groove angle variation. 
 
5.2.4  Film stiffness 
 
Figure 5.9 shows the film stiffness extracted from the slope of the corresponding opening 
force plots (Figure 5.7) for different groove radius and spiral angle, as the film thickness 
changes. The film stiffness is calculated by differentiating a 4th order polynomial fitted to the 
opening force data in Figure 5.7. The results show that film stiffness substantially decreases 
when the film thickness increases. The effect of the groove radius on the film stiffness is 
rather inconsistent when the film thickness increases for each spiral angle.  
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(a) (b) 
 
(c) 
 
Figure 5.9: The film stiffness, kf  versus film thickness for different groove radius, rg and 
spiral angle, α  (a) α = 15o, (b) α = 20o and (c) α = 25o. 
 
However, there is a clear pattern for the effect of spiral angle. Increase of the spiral 
angle increases film stiffness when the groove radius and film thickness are kept constant.  
Comparing the effect of the spiral angle with the highest film stiffness, observed at α = 25o 
and rg = 17 mm, while film thickness is kept constant, the maximum variation are 
approximately -48.9 % and -30.4 % for α = 15o and α = 20o respectively.  
Overall, the effect of the groove radius is rather inconsistent and there is no clear 
pattern. However, the impact of the spiral angle is significant with a maximum difference of 
48.9 % between 15o and α = 20o. The increase in spiral angle, increases the film stiffness that 
increase the dynamic tracking capability. This is a similar observation as mentioned in [11]. 
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However, the effect of spiral angle should be further studied to confirmed this observation as 
discussed next. 
 
Table 5.10: The effect of spiral angle on the film stiffness variation in comparison with α = 
25o and with rg = 17 mm is set constant.  
 
Groove angle, α (Degree) 
                  15o                  20o                       25o  
                                             Film stiffness, kf N/µm 
h (N/µm) % (N/µm) % (N/µm) % 
3 455.63 -45.7 605.39 -27.9 839.09 0 
4 230.94 -43.6 300.00 -26.7 409.49 0 
5 107.03 -44.1 141.33 -26.1 191.35 0 
6 50.40 -48.9 71.16 -27.8 98.55 0 
7 27.59 -38.7 31.28 -30.4 44.97 0 
 
 
5.2.5  The Effect of the Spiral Angle at a Constant rg = 17 mm.   
 
As discussed in section 5.2.4, the highest film stiffness is observed at the end of the 
performance envelope for rg = 17 mm and the spiral angle α = 25o (Figure 5.9(c)).  Thus, a 
further optimization analysis are required to investigate the effect of the spiral angle and 
groove radius to the seal performances with intention to avoid the further leakage rate.  To 
avoid any further increase in leakage when groove radius decreases, the groove radius rg = 17 
mm is set constant for different spiral angle. However, there is no intention to further increase 
the groove radius for the present research although the leakage rate can be decrease. 
The effect of spiral angle is investigated at α = 15o, α = 20o, α = 25o, α = 30o,and α = 
35o. The α = 15o, α = 20o are plotted as a comparison cases to previous section.  Figure 5.10 
shows the opening force as the the film thickness changes for different spiral angle. The 
profiles of the opening force follow that of a fourth order polynomial curve. As expected, as 
the film thickness increases, the opening force decreases. When the spiral angle increases, 
and peaks at α = 30o before decreasing again for α = 35o from h > 4µm, the force is 
comparable for both cases.  In comparison with α = 25o for the same film thickness and 
groove radius, the variation is -6.6 %, -4.0 %, 1.2 % and 0.9 % for α = 15o ,α = 20o, α = 30o 
andα = 35o respectively as shown in Table 5.11. Thus, the opening force for α = 30o and α = 
35o is almost identical to α = 25o.  Overall, the opening force variation with the spiral angle at 
a constant groove radius and film thickness is small.  
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Figure 5.10: The opening force, Fo versus film thickness at the constant rg =  17 mm for 
different spiral angle, α. 
 
Table 5.11: The effect of spiral angle on the opening force variation in comparison with α 
= 25o and with rg = 17 mm is set constant. 
 
Groove angle, α (Degree) 
          15o    20o     25o     30o     35o 
                                                    Opening force,  Fo 
h (kN) % (kN) % (kN) % (kN) % (kN) % 
3 7.56 -6.6 7.77 -4.0 8.09 0.0 8.19 1.2 8.12 0.3 
4 7.22 -3.5 7.33 -2.1 7.49 0.0 7.57 1.2 7.55 0.9 
5 7.06 -1.9 7.12 -1.1 7.20 0.0 7.27 0.9 7.26 0.7 
6 6.99 -1.1 7.02 -0.6 7.06 0.0 7.11 0.7 7.11 0.6 
7 6.95 -0.6 6.97 -0.3 6.99 0.0 7.03 0.5 7.02 0.4 
 
Figure 5.11 shows the leakage rate against the film thickness for different spiral angle. 
As expected, it is observed that the leakage rate is lowest for α = 15o especially when the film 
thickness decreases. When the spiral angle increases to α = 20o the leakage rate slightly 
increases but remain comparable when the spiral angle is further increased. In comparison 
with α = 25o, the variations is 1.6 % and 0.8% for α = 30o  and α = 35o pespectively,  whereas 
the variations is -12.5 % and -7.5 % for α = 15o  and α = 20o respectively as shown in Table 
5.12. Thus, for α = 30o  and α = 35o, the results is comparable with α = 25o.   As expected, the 
effect of the spiral angle is rather small as previously discussed in section 5.2.2.   
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Figure 5.11: The mass flow rate, ?̇? versus film thickness at the constant rg = 17mm for 
different spiral angle, α. 
 
Table 5.12: The effect of spiral angle on the leakage rate variation in comparison with α = 25o 
and with rg = 17 mm is set constant. 
 
Groove angle, α (Degree) 
          15o       20o     25o      30o    35o 
                                                    Leakage rate, ?̇? 
h (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% (104 
∙kg/m3) 
% 
3 4.75 -12.5 5.03 -7.5 5.43 0.0 5.51 1.4 5.40 0.6 
4 8.58 -6.2 8.82 -3.6 9.15 0.0 9.29 1.6 9.22 0.8 
5 13.29 -3.1 13.49 -1.7 13.72 0.0 13.88 1.2 13.83 0.8 
6 18.72 -1.7 18.88 -0.9 19.04 0.0 19.22 0.9 19.17 0.7 
7 24.92 -0.9 25.04 -0.4 25.13 0.0 25.29 0.6 25.25 0.5 
 
Figure 5.12 shows the film stiffness for the different spiral angle. The highest film 
stiffness is observed for α = 30o and for α = 25o where it comparable at h = 3 µm. When the 
spiral angle increases from α = 15o to 20o, the film stiffness increases then remains higher 
with inconsistent pattern as the spiral angle is further increased. At h = 3 µm, the film 
stiffness is higher for α = 30o and α = 25o than α = 35o. However,for α = 30o, the film 
stiffness remains higher than α = 25o from h > 3 µm onwards. In general, the groove angle,α 
= 30o results in the highest stiffness. Furthermore, compared to α = 25o, the maximum 
variations is -48.9 %, -30.4 %, -39.4 % and -46.6 % for α = 15o, α = 20o, α = 30o and α = 35o 
respectively.   
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Figure 5.12: The film stiffness, kf versus film thickness at hg = 5 µm and rg = 17 mm for 
different spiral angle, α . 
 
Table 5.13: The effect of spiral angle on the opening force variation in comparison with α = 
25o and with rg = 17 mm is set constant. 
 
Groove angle, α (Degree) 
     15o    20o      25o     30o   35o 
                                                    Film stiffness, N/µm 
h (N/µm) % (N/µm) % (N/µm) % (N/µm) % (N/µm) % 
3 455.63 -45.7 605.39 -27.9 839.09 0.0 829.49 -1.1 747.34 -10.9 
4 230.94 -43.6 300.00 -26.7 409.49 0.0 429.64 4.9 407.25 -0.5 
5 107.03 -44.1 141.33 -26.1 191.35 0.0 212.45 11.0 207.35 8.4 
6 50.40 -48.9 71.16 -27.8 98.55 0.0 112.08 13.7 107.09 8.7 
7 27.59 -38.7 31.28 -30.4 44.97 0.0 62.69 39.4 65.90 46.6 
 
5.2.6  Optimum Groove Angle and Groove Radius  
 
In general, the impact of the groove radius and spiral angle variation to the opening force are 
small than to the leakage rate or film stiffness. Hence, the attention is given to the leakage 
rate and film stiffness parameters. In term of the leakage rate, it is the best to choose the 
lowest groove radius (rg = 17 mm) and the lowest spiral angle (α = 15o), resulting in lowest 
leakage rate (Figure 5.8). Even though the lowest leakage is always desirable, the 
compromise between the low leakage rate and high film stiffness is essential. The effect of 
increasing the spiral angle is that it allows higher film stiffness [11]. The results show a peak 
in film stiffness for α = 30o, before film stiffness diminishes again for higher spiral angles 
(Figure 5.12).  
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 Overall, the highest groove radius, rg = 17 mm (DWR = 0.53) and the spiral angle α = 
30o is chosen for the present research. The groove radius rg = 17 mm, owing to its low 
leakage rate. The spiral angle, α = 30o is chosen as film stiffness is highest in general, for 
highest groove radius, rg = 17 mm. In addition, comparing α = 30o with α = 25o, the results 
for the opening force and mass flow rate are comparable for a constant rg = 17 mm (Figure 
5.12). The groove angle, α = 30o lies in the suggested spiral angle range (i.e., α = 10o -30o) as 
previously reported by [24].  
 
5.3 The Balance of Forces 
 
As mentioned in section 5.2, the optimum geometrical parameter for the present research are 
a groove radius, rg= 17 mm and spiral angle, α = 30o. However, the viability of the chosen 
parameters also depends on its suitability in term of the force equilibrium on the stationary 
ring. The balance of forces determines the operating gap between the stationary and the 
rotating face. The suitability of using the optimum face geometry depends on balance of 
forces. The opening force generated at the front of the stator, under the corresponding 
operating gap the total of closing force consist of the hydrostatic force due to the pressure and 
the spring force at the rear side of the stationary ring must match. 
 
 
 
Figure 5.13: The axial forces and axial pressure components on the face of the stationary 
ring. 
 
 If rg = 17 mm,  hg = 5 µm and α = 30o are chosen as the face geometry, operating at h 
= 3 -7 µm, the opening force range is 8200-7300 N as shown in Figure 5.7. Thus, the required 
closing force should be 𝐹𝑐 > 8200 N. The case of the seal shutdown is discussed in section 
5.4.  If the total spring stiffness, kf is 250 N/mm and the spring is preload with 2 mm spring 
displacement, the spring force is 500 N. As the gap variations are small,  variations with the  
operating gap are minimal as shown in Figure 5.14. Thus, the spring force is assumed 
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constant in the present research. The hydrostatic force due to the pressure at rear of the stator 
comprises of the high pressure region (P1 = Po) that is sealed from the low pressure or 
ambient region (P2 = Pi) by the O-ring shown in Figure 3.26 and 5.13. Therefore, the force 
balance is defined as (Figure 5.13): 
 
𝐹𝑜 = 𝐹𝑐 =  𝐹𝑝 + 𝐹𝑠 = 𝑃1𝐴1 +  𝑃2 𝐴2 +  𝐹𝑠 (5.1) 
The total hydrostatic force acting on the rear of the stator, Fp and the total closing 
force, Fc are plotted against balance ratio, B in Figure 5.15. The balance, B is defined as: 
 
𝐵 =  
𝑑𝑜
2 − 𝑑𝑏
2
𝑑𝑜
2 − 𝑑𝑖
2  
(5.2) 
 
The force difference of 500N between the closing force and the hydrostatic force is 
attributed to the spring force. The results indicates that as the balance radius increases, both 
forces decreases.  In order to balance the force at the desired gap h = 3µm the balance ratio, 
lies at B = 0.8459 (or rb = 13.05 mm). This balance radius results in 71% static balance, SB 
(equation 2.1) which is more 60% as suggested by Gabriel [24]. Furthermore, the balance, B 
(equation 2.3) is 0.84 which lies between 0.8-0.9 as suggested by Sedy [63]. The dam to 
width ratio, DWR (equation 5.1) is 0.525 which lies between 0.5 to 0.8 as suggested by Sedy 
[63]. Therefore, the balance radius rb = 13.05 mm is suitable for the current seal design.  
 
 
Figure 5.14: Spring force, Fs versus film thickness for total spring stiffness, kf  = 250 
N/mm with 2 mm spring preload displacement.    
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Figure 5.15: The closing force, Fo and total hydrostatic pressure force at the rear of the 
stator, Fp versus balance ratio, B. 
 
5.4 Hydrostatic Pressure in the Fluid Film During Shutdown 
 
In order for the seal to operate properly, the rotating and stationary ring has to be in contact 
during shutdown. The hydrostatic force at the rear of the seal remains constant when the film 
thickness decreases. Figure 5.16 shows the results for decreasing film for a stationary ring, 
for gap height, h < 3 µm. The figure show two forces, Fhs  calculated by CFD and Fa 
calculated based on an approximated asperity condition. The asperity force, Fa is calculated 
based on the assumption that the pressure for the very small gap cases can be approximated, 
as linearly decreasing within the dam region and constant (equal to high side pressure) in the 
groove region. 
  The results show that the hydrostatic force Fhs calculated by CFD increases when 
film thickness decreases from h = 3 µm to  h= 0.5 µm to a maximum of approximately 7.7 
kN for h = 0.5 µm. In contrast the asperity force, Fa is approximately 6.87 kN. For a real seal 
at shutdown (no rotation) it can be assumed that the opening force initially follows the trend 
shown for the hydrostatic force, however as the gap becomes small and asperity contacts 
become significant, the opening force will reduce and asymptote to the asperity force. As 
shown in Figure 5.16, the closing force (Fc ≈ 8.2 N) is higher ensuring that the spring of 
stationary ring keep the two rings in contact, thereby creating a zero leakage seal in between 
the stationary and rotating face. This confirms the suitability of using the radius balance, rb = 
13.05 mm in the present seal design. It produces sufficient hydrostatic pressure closing force 
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in combination with the corresponding spring force at the rear of the stator to overcome the 
hydrostatic opening force during shutdown.   
 
 
 
Figure 5.16: The hydrostatic force from CFD, Fhs and from calculation, Fa in the fluid film 
of the stator during shutdown (𝜔 = 0 𝑟𝑝𝑚) and the closing force, Fo versus the film 
thickness. 
 
 
5.5  Heat Transfer Analysis of Optimum Seal 
 
This section uses the optimum geometry identified in section 5.2 and described in section 5.3 
with an operating gap of hg = 5 µm to explore thermal loads acting on the seal. In addition to 
analysing the nominal seal arrangement, seal configurations with a reduced convection area, 
as described in section 3.10.2 are also discussed. Reducing convection area is an approach to 
reduce the thermal distortion that will be discussed in more detail in section 6.2 and section 
6.3. As convection area is reduced, the heat transfer area on the outer diameter of the rotating 
and stationary ring is reduced, as shown in Figure 3.25.  
The resulting distribution of heat fluxes, obtained from the conjugate heat transfer 
analysis of the different configurations is summarised in Table 5.14. The average temperature 
on the wall of stationary ring and rotating ring, W1, W4, W5 and W8 (as shown in Figure 
3.21(b)), and in the solid region and fluid film region in the operating gap are summarized in 
Table 5.15. 
 As expected, the more heat is transferred into the rotating ring, due to the improved 
heat transfer on the outer diameter, as mentioned in section 3.9.4. This improved heat transfer 
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results in a marginally lower average temperature for the rotating ring, and respective face 
(W5) as shown in Table 5.15. Thus, more heat is transferred into the cooler rotating ring, than 
the stationary ring. 
Comparing the different convection areas cases, as shown in Table 5.14, there are 
several interesting trends. First, as convection area reduces, the path to reject heat to the 
sealed fluid (through W4 and W8 as shown in Figure 3.21(b)) becomes more arduous and all 
temperatures increase. The most significant temperature increase takes place in the fluid film 
(458 to 549 K). Despite this increase the heat loss by convection does not increase 
significantly. At the same time a reduction in friction heat, is observed, which can be 
attributed to the reduction in viscosity of supercritical CO2 with increasing temperature.  
The near constant heat generation in the fluid film and also the near constant heat 
fluxes into the rotating and stationary ring suggest that the heat generation is dominated by 
the viscous effects in the film and that the total heat load and to a lesser extend the 
distribution of the heat loads is a function of the film only. This means that the rotating and 
stationary ring must be designed in such a way that the heat load is efficiently dissipated, but 
that the design of the respective rings is not a method to reduce the total heat load.  
 
Table 5.14: Heat flow distribution in the sealing rings. 
         Percentage of convection area (%) 
Heat (Watt) 25 50 75 100 
Friction heat 1017.72 1105.32 1140.36 1164.6 
Transferred into stator 344.28 409.32 442.8 461.52 
Transferred into rotor 457.68 518.16 540.72 548.52 
Taken by the leakage 328.56 346.44 353.52 356.4 
 
Table 5.15: Average temperature of sealing rings. 
 Percentage of convection area (%) 
Average Temperature (K) 25 50 75 100 
W1 (Stationary ring) 547.6 486.4 464.9 455.8 
W4 (Stationary ring) 506.7 451.3 428.6 415.8 
W5 (Rotating ring) 542.9 482.7 462.0 453.4 
W8 (Rotating ring) 499.1 444.7 423.0 411.1 
Stationary ring solid 541.1 471.6 444.0 431.1 
Rotating ring solid 536.4 466.0 438.4 426.2 
Fluid film  548.7 488.0 466.9 458.0 
 
This analysis looking at different convection areas, which is representative of making 
the heat rejection from the rings more arduous, should be viewed in conjunction with the 
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analysis from section 3.9.4. There it was shown, that the predominant route for heat rejection 
is through the outer diameter of the rings, to the sealed fluid. From these two pieces of 
analysis it can be concluded that for an effective seal design, the majority of heat is rejected 
to the sealed fluid, that an effective route to reject the heat must be provided, and that 
restricting this heat rejection route, causes an increase in seal component temperatures, as 
shown in Table 5.15.  
 
5.6 Conclusions 
 
The effect of groove radius and spiral angle are analyzed for selection of the optimal face 
geomety. The effect of changing geometical parameters are compared for the highest opening 
force, lowest leakage rate, and highest film stiffness. 
Increasing the groove radius, decreases the opening force whereas increasing the 
spiral angle, increases the opening force. However, the variation of these parameters to the  
opening force is small, less than 6.6% for all case studies. 
Increasing the groove radius, decreases the leakage rate whereas increasing the spiral 
angle, increases the leakage rate. The variation in changing the groove radius to the leakage 
rate is less than 29.2%.  The variation in changing the spiral angle to the leakage rate is less 
than 14.9% but most of the tested cases shows less than 10% variation. Therefore, the effect 
of changing groove radius is more significant than the spiral angles. 
In term of the film stiffness, there is no clear pattern when changing the groove radius 
but the impact of the spiral angle is significant up to 46.6% between α = 15o and α = 30o. 
Based on this observation, groove radius rg = 17 mm is selected (DWR = 0.53), owing 
to its low leakage rate in term of the effect of groove radius. A spiral angle, α = 30o is chosen 
as this results in the highest film stiffness for groove radius, rg = 17 mm.  
The balance ratio, B = 0.8459 (or balance radius, rb = 13.05 mm) is selected for the 
present seal design. Static balance, SB, balance, B and dam to width ratio (DWR) that lies 
within the operation range as suggested from the literatures. The design also enable it to 
compensate the opening force during operation, and hydrostatic force during shutdown in the 
film gap of the seal.  
Thermal analysis has shown that heat generated by the fluid film is near constant for 
different configurations of the rotating and stationary ring, representative of more arduous 
heat rejection routes. The result of reduced convection area, is a substantial increase in the 
average temperature. 
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CHAPTER 6 
DEFORMATION ANALYSIS IN SUPERCRITICAL CO2 DRY GAS SEAL 
 
6.1 Introduction 
 
As previously discussed in Chapter 2, the primary design challenge for the dry gas seal is to 
simultaneously control the seal deformation and to prevent the stationary and rotating ring 
from contacting. Deformation arise due to non-uniform thermal-loads and pressure-loads of 
the rings. Furthermore, the rotating ring encounters centrifugal stress. For the high-speed 
rotation of the present cases, and the coning due to centrifugal force cannot be neglected.  
Contacts between the seal rings can cause a catastrophic seal failure and the seal face on the 
film gap should be designed to ensure the operating gap remains as parallel as possible. From 
a fluid-film stiffness perspective, a small convergent gap or positive-coning, where the gap 
decreases with the flow, is desirable. Contrary, a divergent gap or negative-coning, where the 
gap decreases with the flow, results in poor fluid-film characteristics and can cause the seal 
failure, when the stationary and the rotating ring contacts [17, 18, 25]. This chapter discusses 
the effect of thermal-induced, pressure-induced and centrifugal-induced coning on the sealing 
rings distortions. Control of convection areas are explored as a method to control the shape. 
 One-way coupling simulations are conducted in this preliminary design analysis to 
explore trends and methods to reduce the distortion of sealing rings. The major assumptions 
of this work are that the seal has a balanced operating point (i.e. axial forces on the stationary 
ring are balanced) with a gap height, h = 3µm (measured at inner diameter), groove radius rg 
= 17 mm and spiral angle, α = 30o, and that the heat load to the rotor and stator match the 
conjugate heat transfer model from Chapter 5, which assumes a parallel gap. Thus, the one-
way coupling implemented in this chapter only calculates the seal deformation for this 
‘frozen’ heat load boundary condition, and does not capture the effect of changing heat loads, 
due to deformation. Full two-way coupled simulations are recommended to evaluate actual 
deformation as part of the future work. 
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6.2  Stationary Ring Deformation 
 
This section describes the deformation studies of the stationary ring. The details 
specifications of the geometry is shown in Figure 3.24 and Table 3.18. The boundary 
condition specifications are described in section 3.10.2.  
 
6.2.1  Deformation Baseline Design 
 
Under ideal conditions, the operating gap would remain constant during operation.  In reality, 
due to the physical disturbances from the pressure load and thermal load,  the seal face 
distorts during operation,  resulting in a divergent or convergent gap in the fluid-film region. 
This changes the opening force and the operating gap until the forces are again in 
equilibrium. To simplify the calculation to estabalish parallelity in the fluid-film region,  the 
effect of changing operating gap due to the self-aligning is neglected. Hence,  a constant film 
thickness is assumed at the inner edge of the sealing ring regardless of the magnitude of the 
opening force  seal deformation. 
To assess the distortion or coning of the stationary ring, the difference between the 
axial deformation (Δz) along the seal face and axial deformation (Δzis) at the inner edge of the 
stationary ring is presented for comparison as ∆𝑧 defined as: 
 
∆𝑧 =  ∆𝑧 − ∆𝑧 𝑖𝑠 (6.1) 
 
This comes with the assumption that the operating gap or film thickness, h remains  constant 
(Figure 6.1)  at the inner edge through the self-aligning mechanism. The inner edge is the 
location of the minimum axially gap typically occurs. 
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Figure 6.1: The assumption for the constant operating gap or film thickness, h of the 
stationary ring to define the coning, ∆𝑧. Positive-coning at the top; negative-coning at the 
bottom.  
 
Thus, a convergent gap or positive-coning in the present research implies the outer 
edge (ro) is farther away from the rotating ring than the inner edge (ri). In other words, the 
film thickness decrease with flow direction from the outer edge (i.e. High-pressure) to inner 
edge (i.e. Low-pressure) as shown in Figure 6.1.  
In order to quantify the seal face deformation under the applied the pressure load and 
thermal load, the axial displacement of the stationary ringare plotted in Figure 6.2 and Figure 
6.3. The coning of the stationary ring due to the pressure load and thermal load is shown in 
Figure 6.2. The isoline of ∆𝑧 = 0 represents the undeformed shape profiles and the shaded 
region represent the undeformed solid region of the stationary ring. The net deformation for 
both applied pressure load and thermal load result in the positive-coning (i.e., film thickness 
decrease with flow direction from outer to inner edge). Despite positive coning or a 
convergent gap, being desirable to the design of the  dry gas seal, as it gives rise to positive 
film stiffness and fluid film stability, excessive convergence is undesirable as it reduces the 
film stiffness  and increase the inflow area hence the leakage rate [11, 18, 25, 67, 69]. The 
results indicate significant coning of the stationary ring face with a magnitude in excess of ∆𝑧 
= - 2.5 µm. Further optimization of the stationary ring is required to maintain a close to 
parallel  sealing gap. 
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Figure 6.2: The axial displacement, ∆𝑧 of the stationary ring due to the combined effects of 
thermal and pressure effect.  
 
In order to access the effect of each loads on net deformation of the sealing ring, each 
input under applied  pressure load, thermal load and both effects are plotted as shown in 
Figure 6.3  in term of Δz defined as: 
∆𝑧 =  𝑧 𝑖𝑛𝑖𝑡𝑖𝑎𝑙 − 𝑧 𝑓𝑖𝑛𝑎𝑙 
 
(6.2) 
As expected, the thermal expansion enlarges the axial length of the stationary ring 
toward the rotating ring, roughly from 3.3 µm to 5.8 µm from the outer edge to inner edge. 
The thermal deformation produces the positive-coning similar to the shape profiles of the net 
deformation similar to the previous work [25, 64, 65]. This signifies the major influence of 
thermal deformation on total deformation as previously reported by [65, 66]. 
The pressure-induced deformation produces additional positive coning as the outer 
edge is pushed away by a magnitude of -0.09 µm, which is comparatively small. The small 
pressure-induced deformation compared to thermal distortion is largely due to the size of the 
stator. As previously reported by [66], the sealing rings can have either convergent and 
divergent gap due to the pressure. This is as a results of different mountings, designs or 
restrained types. For the current case, the stationary ring shows a convergent gap or positive 
coning. However, the displacement of the stationary face is the sum of the displacements due 
to applied thermal and pressure loads respectively. The combined effects of both pressure and 
temperature cause an increases in the total deformation and coning.  
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Figure 6.3: The axial displacement, ∆𝑧 of the stationary ring due to combined effects of  
thermal and pressure effects. 
 
Figure 6.4 shows the cut view temperature distribution in the cross-section plane at θ 
= 22.5o (Appendix C). The heat generated in the fluid-film is removed by gas leakage and 
conduction into the sealing ring surfaces as discussed in section 5.5. This causes an increase 
in the temperature of the sealing ring. The heat from the fluid-film is conducted through the 
sealing ring and removed through the convection wall, W6 (Figure 3.25) and to the 
surrounding high-pressure fluid. This results in a cooler area on the top of the stationary ring 
especially toward the back of the stator where the coolest area is observed, further away from 
the heat source.  The hottest area is observed around the groove region due to the more shear 
action and pumping effect that generates more viscous heat close to the stationary ring. The 
cooler area above top and below the hottest region correspond to the land and dam area 
respectively. The temperature contour indicates a prominent radial and axial temperature 
gradient throughout the cross-section. This results in unequal axial and radial expansion of 
the stationary ring. The radial temperature gradient causes a difference in axial displacement 
as shown in Figure 6.5. Due to the nature of the self-aligning dry gas seal, the axial thermal 
expansion of the sealing ring is not an issue if the radial temperature gradient is small. Here 
the sealing face remains parallel, and the operating gap readjusted until forces is in 
equilibrium again. In regards coning, the main challenge is the radial temperature gradient 
from the cold region on the top of the stationary ring, closest W6 to the bottom of the 
stationary ring, closest to W2 (The thermal boundary conditions is shown in 3.25 and 
summarized in Table 3.19 for simplified model in Chapter 5).  
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Figure 6.4: The temperature distributions in cross section θ = 22.5o due to combined effect 
of thermal and the pressure effects. The gap is on the left. 
 
The cut-view net axial deformation contour at θ = 22.5o under the pressure and 
thermal load is shown in Figure 6.5. The results shows significant coning due to the radial 
temperature gradient (Figure 6.4) throughout the cross-section stationary ring. This results in 
the excessive radial distortion that can eventually cause seal failure, when the sealing rings 
contact. Comparing Figures 6.4 and 6.5 show a correlation between hot regions and regions 
of largest deformation. The temperature gradient from hot at the inside to colder at the 
outside, results in unequal axial expansion and the observed coning.   
The analysis of the baseline gemotery clearly illustrates the link between radially non-
uniform temperature and the resulting deformation of the stationary ring. To minimize 
deformation, steps must be taken to minimize the radial temperature gradient. 
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Figure 6.5. The axial displacement, Δz in the cross section θ = 22.5o due to the combined 
effect of thermal and pressure effects.The gap is on the left. 
 
The analysis of the baseline gemotery clearly illustrates the link between radially non-
uniform temperature and the resulting deformation of the stationary ring. To minimize 
deformation, steps must be taken to minimize the radial temperature gradient. 
 
6.2.2  Effect of Convection Area  
 
As shown in Figure 1.4 and 3.25, the top wall of stationary ring, W6 is exposed to the high-
pressure region and experiences the highest convection. In contrast, the remaining sides of 
the stationary ring faces the seal housing where small gaps exist. The stationary gas in these 
gaps weakens the heat transfer in these regions. Therefore, these faces can be treated as 
adiabatic walls in this region.     
A powerful way to control stationary ring temperature is to control the portion of face 
W6 (Figure 3.25) exposed to high convection area, for example by shrouding part of sealing 
ring outer diameter. Figure 6.6 shows the thermal-induced deformation on the wall of the 
stationary ring for different convection areas. As expected, positive coning is observed in all 
cases.  The results show a reduction of thermal distortion with a decrease in the convection 
area. Reducing the convection area significantly reduces the relative axial displacement at the 
outer edge. Changing from the 100% to 25% convection area, reduces deformation by 
approximately 55%.  
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Figure 6.6: The axial displacement, ∆𝑧 of the stationary ring due to the thermal effect for 
different convection area. 
 
 Figure 6.7 shows the temperature distribution for the stationary ring cross-section at θ 
= 22.5o for different cases. The magnitude of the positive-coning under the applied thermal 
load arises from the radial temperature gradient from the cooler region close to the 
convection area on the top of the stationary ring to hottest region close to the bottom of the 
sealing ring. As discussed in section 5.5 the heat generation is near constant for all cases and 
an increased in mean temperature is observed for the low convection areas cases. However, 
while the temperature gradient along the fluid film remains, a positive effect of the reduction 
in convection area is, that the temperature in the rear part of the stationary ring becomes more 
uniform.  
Figure 6.8 shows the corresponding axial displacements. The results highlight the 
increase in uniformity of the axial displacement (contours align with vertical direction) from 
the inner to outer edge or vice versa when the convection area decreases and in particular the 
uniform axial displacement in the rear section for the lowest convection area cases. Looking 
at these contours, in conjunction with Figure 6.7  highlight how the rear sections of the 
stationary ring, which sit at a constant temperature help to minimise the deformation.  
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Figure 6.7: The temperature distributions of the stationary ring in cross section θ = 22.5o due 
to the thermal effect  for different convection area, (a) 25 % convection area, (b) 50 % 
convection area, (c) 75 % convection area and (d) 100 % convection area. The gap is on the 
left. 
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Figure 6.8:  The axial displacement, Δz  of stationary ring in the cross section θ = 22.5o due to 
the thermal effect for different convection area, (a) 25 % convection area, (b) 50 % 
convection area, (c) 75 % convection area and (d) 100 % convection area. The gap is on the 
left. 
 
 
m m 
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6.3  Rotating ring deformation 
 
6.3.1  Deformation Baseline Design 
 
In order to assess the effect of each load on the net deformation of the rotating ring, each 
input: applied  pressure load, thermal load, centrifugal force and the combined effect are 
plotted as shown in Figure 6.10 and 6.11  in term of the axial distortion and displacement, Δz 
and Δz. Due to rotating, the sealing ring is subjected to the centrifugal force,  which affects 
the net deformation of the rotating ring. 
To access the radial parallelity of the seal face of rotating ring or coning, the 
difference between the axial deformation (Δz) along the seal face and axial deformation at r = 
11 mm  (∆𝑧 𝑟 = 11 𝑚𝑚) of the rotating ring,  is calculated as: 
∆𝑧 =  ∆𝑧 −  ∆𝑧 𝑟 = 11 𝑚𝑚 (6.3) 
This is based on the assumption that the operating gap or mean film thickness, h adjusts 
through the self-aligning mechanism. The gap at r = 11 mm, coaxials with the stationary ring 
(Figure 6.9), is used as the reference point.  
 
 
Figure 6.9: The assumption for the constant operating gap or film thickness, h of the 
rotating ring to define the axial displacemnt, ∆𝑧. Positive-coning at the top; negative-
coning at the bottom. 
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The net deformation under applied pressure load, thermal load, and centrifugal force 
show positive-coning similar to the stationary ring (Figure 6.2) but in the opposite direction. 
In Figure 6.10, the isoline ∆𝑧 = 0 represents the undeformed shape profiles and the shaded 
region represent the undeformed solid region of the rotating ring.The positive-coning of the 
rotating ring is comparatively less, approximatly ∆𝑧 = - 1.7 µm, which is 41% less than the 
deformation of the baseline stationary ring. Despite the lower coning than the stationary ring, 
the sealing face still  requires further optimization, so that the sealing faces are kept close to 
parallel even after deformation.  
 
 
 
Figure 6.10: The axial displacement, ∆𝑧 of the rotating ring due combined effect of thermal 
effect, pressure effect and centrifugal effect.  
  
  
In order to quantify their contributing to the overall net displacement, each input: 
pressure load, thermal load, and the centrifugal effect are plotted in terms of the axial 
displacement Δz (Equation 6.3) in Figure 6.11.  
 
Overall, the combined effect enlarge the axial length of the rotating mainly caused by 
the heat deformation, roughly from -3.0 µm to -4.6 µm from outer edge to inner edge.The net 
positive-coning deformation mainly caused by the thermal effect is expected as previously 
reported by [64-66]. The centrifugal-induced deformation produces the negative coning (i.e., 
the film thickness increases with the flow direction) with larger axial length,  roughly 0.3  to 
0.8 µm from inner to outer edge. The negative-coning is coherant with the typical centrigugal 
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effect deformation as reported by [25].  Therefore, the negative coning causes by the pressure 
(i.e. small negative coning) and centrifugal effects and the positive coning causes by the heat 
results in the lower net positive coning. In term of the net axial displacement, Δz, the opposite 
sign of dispalacement causes the total deformation to reduce. 
 
 
 
Figure 6.11: The axial displacement, ∆𝑧 of the rotataing ring due to the thermal effect or 
pressure effect or centrifugal effect or combined load. 
 
Figure 6.12 shows the cross-sectional temperature contours at θ = 22.5o (see 
Appendix C. The sealing face, is heated from the viscous shear in the fluid-film. The heat is 
conducted into the sealing ring and removed through the convection wall, W11(Figure 3.25), 
to the surrounding high pressure and high viscous fluid. This results in a cool area on the top 
of the rotating ring especially towards the back of the rotor where the coolest area is 
observed, furthest away from the heat sources. The hottest region around the groove is 
slightly colder than the stationary ring (Figure 6.4) due to better heat removal through the 
rotating ring, as discussed in section 5.5.  
145 
 
 
                 
Figure 6.12: The temperature distributions in cross section θ = 22.5o due combined effect 
of thermal effect, pressure effect and centrifugal effect. The gap is on the left. 
 
 
 
                  
 
Figure 6.13: The axial displacement, ∆𝑧 in cross section θ = 22.5o due combined effect of 
thermal effect, pressure effect and centrifugal effect. The gap is on the left.  
 
Due to the rotational effect, enhancing forced convection, a colder region is observed 
on the top wall, W11 compared to W6.  Therefore, the mean temperature in the rotating ring 
is slightly colder than the stationary ring. The discontinuity of temperature for non-
dimensional radius, ~0.9, is caused by the step from groove to the land region.    
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 The net axial deformation due to pressure and thermal load is shown in Figure 
6.13. The contours show the variation in the axial displacement in the radial direction from 
the inner to the outer edge. 
 The rotating ring needs to be further optimized so that thermal-induced, 
pressure-induced and centrifugal-induced distortion can be minimized with the main intention 
of keeping the seal face parallel.  
In the next section, the effect of the changing convection area on the rotating wall, 
W11(Figure 3.25) is investigated to reduce the seal face deformation.   
 
6.3.2  Effect of Convection Area  
 
As shown in Figure 1.4 and 3.25, the top wall of the rotating ring, W11(Figure 3.25) is 
exposed to the high-pressure region that allows the fluid convection to take place. The 
remaining faces of the rotating ring are exposed to the shaft sleeve where a small gap exist 
between the rotating ring and the shaft sleeve or low pressure fluid. The stationary gas in the 
gaps, weakens the heat transfer in these regions, therefore it is reasonable to treat this region 
as an adiabatic wall.     
Figure 6.14 shows the thermal-induced deformation on the wall of the rotating ring 
for a range of convection areas. Only the 75% convection area and 100% convection area 
cases show positive-coning from outer to the inner edge. For the 25% convection area case, a 
positive coning is observed from outer edge to roughly r = 14.0 mm and negative coning is 
observed afterward. For the 50% convection area case, a positive coning is observed from 
outer edge to roughly r = 13 mm and negative coning is observed afterward.  
 
Figure 6.14: The axial displacement, ∆𝑧 of the rotating ring due to the thermal effect for 
different convection area.  
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Figure 6.15 and 6.16 show the cross-section of the temperature and displacement 
contours at θ = 22.5o for different convection area. The results indicate a hotter temperature in 
the sealing rings due to the convection area reduction as discussed in section 5.5.  
 
  
  
(a) (b) 
  
(c) (d) 
  
 
Figure 6.15: The temperature distributions of rotating ring in cross section θ = 22.5o due to 
the thermal effect  for different convection area, (a) 25 % convection area, (b) 50 % 
convection area, (c) 75 % convection area and (d) 100 % convection area. The gap is on the 
left. 
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(c) (d) 
  
 
Figure 6.16: The axial displacement, Δz of rotating ring in the cross section θ = 22.5o due 
to the thermal  effect  for different convection area and width size, (a) 25 % convection 
area, (b) 50 % convection area, (c) 75 % convection area and (d) 100 % convection area. 
The gap is on the left. 
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Similar to the stationary ring, reducing the convection areas results in a more uniform 
temperature for the rear part (section furthest away from gap) for the ring. This section of the 
rotating ring at a more uniform temperature results in less coning as shown in Figure 6.16. 
The discontinuity of temperature (Figure 6.15) for non-dimensional radius, ~0.9, is caused by 
the step from groove to the land region. 
Similar to the stationary ring, adjusting the convection areas is a way to control 
deformation of the rotating ring. Having a portion of the ring at a constant temperature is a 
means to minimizing deformation and coning.  
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6.4  Conclusions 
 
One-way coupling simulations are conducted in this preliminary design analysis to explore 
trends and methods to reduce the distortion of sealing rings. The assumption for the analysis 
are, that the seal has a balanced operating point, and the heat load to the rotor and stator 
match the conjugate heat results from Chapter 5, which assumes a parallel gap. The results 
show that the seal experiences significant deformations, especially caused by thermal 
deformations, which arise from the largely different heat transfer on the high and low 
pressure sides of the seal. This violates the second assumption, meaning that the current 
results should only be used as indicative trends of how to adjust deformation. Fully two-way 
coupled simulations are recommended in future, as they provide more information about 
actual (in operation) seal deformation.  
Multi-physics, one-way coupled simulations are conducted for a dry gas seal, using 
the optimised grove geometry from chapter 5. When operating with supercritical CO2, at the 
target operating conditions, the seal experiences unsatisfactorily high positive coning. 
Analysis of the results reveals that the coning is caused by a combination of pressure and 
thermally induced deformations. It can be shown that the majority of the deformation is due 
to thermal effects. The presence of a radial temperature gradient, which is causes by good 
convection at the seal outer diameter (dense sealed fluid) compared to poor convection on the 
other faces, is identified as the cause of the thermal deformations.  
Control of the convection area (e.g. through insulation), the portion of the seal outer 
diameter exposed to high heat transfer is explored as a method to limit deformations. It is 
shown that reducing convection area is an effective approach to reduce deformation. Reduced 
deformations are achieved by creating an isothermal part away from the fluid film, which 
counteracts deformation.  
However residual deformations are still high and further steps to improve seal cooling 
and to minimise deformation are required.  
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CHAPTER 7 
CONCLUSIONS  
 
The aim of the present work is to enhance understanding of dry gas seals and how they 
perform and operate when used for sealing supercritical CO2, at conditions representative of 
supercritical CO2 Brayton Power Cycle (Pi  > 9MPa; Ti  ~400K).  Dry gas seals are considered 
an enabling technology for these cycles due to the high operating pressures. At these 
conditions labyrinth seals experience high leakage flows, resulting in major loss of 
performance. However, to operate dry gas seals with supercritical CO2, there are several 
important issues that must be considered:  
 
i. The non-linear gas properties near the critical point (real-gas effect). 
ii. Different groove and geometry shapes to suit high pressures and gas properties near 
critical point. 
iii. Thermal heat generation and heat rejection to sealed and ambient fluid. 
iv. Deformation of the dry gas seal rings.  
 
This work is structured as a systematic investigation to study the operation of dry gas 
seals with supercritical CO2. First a structurally rigid dry gas seal, with isothermal faces is 
investigated to assess how the properties of supercritical CO2 alter operation, compared to 
operation with an ideal gas (e.g. air). Next, a conjugate heat transfer (CHT) analysis is 
conducted to assess the energy flows in the seal. Using the CHT model, and still using a 
structurally rigid model for the rings, the face geometry of the dry gas seal is optimized for a 
candidate supercritical CO2 sealing application. Finally, one-way coupling of the fluid and 
thermal model to a structural model is used to quantify the resulting deformations of the seal 
rings, which are a major factor affecting seal operation.    
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7.1 Conclusions 
The key findings from the each step can be summarized as follows: 
Selection of numerical models for simulation of dry gas seals operating with 
supercritical fluids (Chapter 3) 
 A full real gas implemenation is required to capture properties of supercritical CO2, 
when operating close to the critical point. 
 Using the k-omega SST turbulence nodel results predictions that agree best with 
previously computed data conducted using air. Comparisons were conducted for 
opening force and pressure profile and good agreements are achieved. 
 The SIMPLEC algorithm, with non-orthogonality correction, is required to avoid 
unphysical pressure artefacts when using structured and skewed meshes.  
 Conjugate heat transfer simulations can be done accurately using ANSYS Fluent. 
Using the k-omega SST turbulence nodel results predictions that agree best with 
previously computed data conducted using air. Comparisons were conducted for 
opening force, pressure profile and friction heat and good agreements are achieved. 
 The following simplifications are possible for conjugate heat transfer simulations 
o Only fluid domain in the film and in contact with the sealed fluid needs to be 
modelled. The faces in contact with fluid at ambient conditions experience 
substantially reduced heat transfer and can be omitted without a loss in 
accuracy 
o As a further simplification the heat transfer to the sealed fluid can be modelled 
by an appropriately selected heat transfer coefficient.  
 
Influences of supercritical fluid (real gas effects) on the performance of dry gas seal  
(Chapter 4) 
 Close to critical point there is a significant deveiation between the ideal gas 
formaulation and the real gas formualtion. This results in different densities and also 
substantially different peak presures.  
 Due to the high density of supercritical CO2, a centrifugal effect is established. This 
primarily affects the fluid in the dam region. The presence of the centrifugal effect 
causes a reduction of average pressure in the dam region, resulting in a reduced 
opening force,  and reduces seal leakage.  
 The centrifugal effect is enhanced by the higher density due to the real gas effects. 
153 
 
 Operating supercritical CO2 dry gas seals close to the critical is not detrimental to seal 
performance. The opening force is comparable to that of an equivalent seal operating 
with ideal gases, and notable leakage reduction exists due to a combination of 
centrifugal and real gas effects.  
 Seals with wider dams are preferred as these lead to increased performance in relation 
to leakage at the same time the impact on generated lift force is small.   
 
Optimization of seal face geometry for operation with supercritical CO2 (Chapter 5) 
 Increasing the groove radius, decreases the opening force, whereas increasing the 
spiral angle, increases the opening force. The variation in opening force is comparably 
small, typically less than 6%.   
 Increasing the groove radius, decreases the leakage rate whereas increasing the spiral 
angle, increases the leakage rate. The variation with changing groove radius is more 
significant than the variation with spiral angles. The variation in leakage rate is up to 
29.2%. 
 In term of the film stiffness, there is no clear pattern when changing the groove 
radius. However changing spiral angle results in a significant change in stiffness, with 
a peak observed for α = 30o. This is 46.6% higher than for low groove angles. 
 Considering the identified trends a groove radius rg = 17 mm ( DWR = 0.53) and a 
spiral angle α = 30o are recommended to obtain optimum seal performances. This 
combination gives the highest film stiffness and maintains a low leakage rate. 
 To ensure appropriate balance of forces during operation and shut-down a balance 
ratio, B = 0.8459 and radius balance, rb = 13.05 mm, is selected. This is suitable for 
the present seal design. Static balance, SB, balance, B and dam to width ratio, DWR, 
all lie within ranges suggested in literatures. This balance ratio also ensures that the 
hydrostatic force maintains contact between the faces during shutdown. 
 
Conjugate heat transfer (CHT) analysis to assess heat loads, and cooling requirements 
of supercritical CO2 dry gas seal (Chapter 3, 5, and 6) 
 Analysing of heat flow distributions shows that slightly more energy is conducted into 
the rotating ring. This is attributed to the improved heat transfer on the outer diameter 
of the rotating ring, which experiences a heat transfer enhancement due to rotation.  
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 Comparing heat rejected to the sealed fluid (high pressure supercritical CO2) and fluid 
at ambient conditions, shows that heat transfer on faces adjacent to moving 
supercritical CO2 dominate heat transfer. Energy rejection rates are almost two orders 
of magnitude larger. Consequently substantial temperature gradients are established in 
the seal rings (see chapter 6).     
 CHT analysis showed that fluid performance and heat generation in the film is 
predominatly a function of the fluid in the gap and gap height. Changes in fluid film 
thermal boundary conditions (isothermal vs CHT) show that there is only a small 
variation in developed pressures and opening force.  
 The quantify of heat conducted from the fluid film to the surrounding components 
(rotating and stationary ring) is predominatly governed by the fluid film. Making the 
heat rejection paths more arduous (e.g. by reducing heat rejection area results in an 
increase in temperatures, but the total heat conducted into rotor and stator remains the 
same). 
 
Seal ring deformation (Chapter 6)  
 One-way coupling simulations are conducted in this preliminary design analysis to 
explore trends for seal deformation and methods to reduce the distortion of sealing 
rings. This work assumes that the seal has a balanced operating point at a gap height, 
h =3µm (measured at inner diameter), that and heat load to the rotor and stator match 
the conjugate heat transfer results from Chapter 5, which assume a parallel gap. 
However the results from chapter 6 show that the seal operating with supercritical 
CO2 experiences significant deformations, limiting the validity of these assumptions. 
Thus the results should be taken as indicative trends of how to reduce deformation. 
Fully two-way coupled simulations (out of scope for current work) are required to  
provide information in regards to actual seal deformation and performances.  
 Multi-physics, fluid-structure-thermal coupled simulations showed that the baseline 
seal design experiences significant deformations, resulting in positive coning with a 
magnitude similar to the gap height.  
 Analysis of the deformation showed that the thermal effects are the main contributor. 
Pressure induced and centrifugal force induced deformations are comparably smaller. 
 If is found that thermal gradients, already identified during the CHT analysis and 
caused by the much increased heat transfer on the outer faces of the rings, is the major 
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cause. The resulting non-uniform axial expansion between ring inner and outer 
diameter are the cause of coning. 
 Attempts are made to control this effect by reducing the area of the ring outer face 
exposed to sealed fluid (reduction in convection area). The results are a near 50% 
reduction in deformation, at the cost of a higher seal temperature. This is achieved as 
the parts of the rings, furthest away from fluid film and convection area remain at near 
constant temperature and counteract the deformation.  
 Even with reduced convection area the residual deformation is larger than desired and 
additional work is required to further minimize deformation.  
 
7.2  Recommendations for Dry Gas Seal Designs 
Based on the findings from the present research, the design recommendations for 
supercritical CO2 dry gas seal are: 
 In general, use the wider dam and the high spiral angle for the dry gas seal (e.g., rg = 
17 mm and α = 30o for present geometry).  
 Use the low convection area on the top of sealing rings walls in the sealed-pressure 
region to reduce the thermal distortion. 
 Pay close attention to heat rejection areas, as non-uniform heat rejection (e.g. majority 
of heat being rejected on seal outer diameter) are a cause for thermal deformations. 
 Additional work is required to control the deformation of seal rings.  
 
7.3  Future Works 
This work has provided some new insight on the operation of dry gas seals with supercritical 
CO2. The following areas list of additional work, which need to be addressed: 
 Experimental validation: The current works validates the numerical models with 
numerical data from the previously computed work using air as fluid medium. This is 
done due to the lack of experimental data for dry gas seals operation using 
supercritical fluid. The data required from an experimental campaign for validation 
include: fluid-pressure in the operating gap, opening force, temperature distributions 
in the fluid and solid regions, heat transfer into the sealing ring, and distortion of the 
sealing rings.  
 Deformation - tangential: The circumferential deformation is neglected in the 
present study, which focuses on radial coning of the dry gas seal. In reality, due to 
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non-uniform pressure loads, thermal loads, and spring location in the tangential 
direction, some circumferential deformation may exists. This should be investigated 
in future works.  
 Deformation - two-way coupling: In the current work pressure and heat loads, 
obtained from a simulation using parallel faces is used as the input for the structural 
deformation analysis. This is only valid for small deformations. The one-way 
coupling is not sufficient in predicting seal performance. Thus, two-way coupled 
deformations can be performed to correctly account for this effect to give more 
accurate results.  
 Deformation - further optimization: The deformation of the sealing rings presented 
in the current study is still too high for robust seal operation. Further optimization, 
ideally using two-way coupling should be conducted, so that coning can be reduced 
and near parallel sealing face can be obtained.    
 Two-phase flow: When operating with low inlet temperatures at supercritical 
pressures, there is the possibility of liquid or ice formation. This needs to be 
investigated further for some of the sealing applications in supercritical CO2Brayton 
cycles.  
 Dynamic performances: Performance of seals is also affected by transient operation. 
Dynamic simulations should be conducted and compared to the steady performances 
to establish if further seal operating limitations exist.  
 Parameters studies: The parameters studies in term of operating conditions and 
geometrical parameters can be further studied. The performance parameters such as 
the effect of temperature are studied near and far from critical point for 370 K and 740 
K respectively for present works. The further studies can be performed to study the 
temperature dependence (or proximity to critical point). The effect operating pressure 
from close to critical point of up to 20 MPa can be performed where the possible 
application is applicable. The effect of the rotation speed can also be further studied at 
lower rotation or higher rotation speed. In term of geometrical parameters, the effect 
of groove depth, groove to land ratio and groove number can be further optimized. 
 The contact of the seal: The abnormal or asperity condition when the sealings 
contact is not considered. This should be analyzed when the real application in the 
power plant is needed. 
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Appendix A 
 
Centrifugal force ratio, 𝛋 
 
 
The effect of the centrifugal force can be characterised by considering the ratio of 
centrifugal force, Fc and pressure force, Fp      in the radial direction for a small control volume 
by considering average tangential velocity, 𝑉𝑡  as shown below: 
 
 
(a) 
 
 
(b) 
 
Figure A1: The fluid domain and forces considered: (a) the fluid domain and (b) theforce 
components in the radial direction. 
 
Ignoring the higher order term, hence(𝑑𝑟)2 ≈ 0. The magnitude of centrifugal force is given: 
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𝐹𝑐 = 𝑑𝑚 
?̅?𝑡 
2
𝑟
 
                           =  𝜌  𝑟 𝑑𝜃 𝑑𝑟 𝑑ℎ  
?̅?𝑡 
2
𝑟
=  𝜌 𝑑𝜃 𝑑𝑟 𝑑ℎ ?̅?𝑡 
2 
 
 
(A1) 
Where 𝜌 and 𝑉𝑡
2 are the average density and tangential velocity respectively in the centre of 
control volume. For turbulent Couette flow, it can be shown that 𝑉𝑡 is close to the average of 
the wall velocities, which for a seal gives: 
?̅?𝑡 =  
𝜔𝑟
2
 
(A2) 
 
Hence the centrifugal force becomes: 
  𝐹𝑐 =
1
4
 𝜌 𝑑𝑟 𝑑𝜃 𝑑ℎ 𝜔2𝑟 
(A3) 
 
Similarly, assuming that the volume is small hence (𝑑𝑟)2 ≈ 0, and 𝜃 ≈ sin 𝜃 and the 
pressure in circumferential direction is uniform, dp/d𝜃 ≈ 0. The magnitude of pressure force 
can calculated as: 
 
𝐹𝑝 =  (𝑃 −  
𝑑𝑃
𝑑𝑟
𝑑𝑟
2
) 𝑟 𝑑𝜃 𝑑ℎ − (𝑃 +  
𝑑𝑃
𝑑𝑟
𝑑𝑟
2
) (𝑟 +
𝑑𝑟
2
)  𝑑𝜃𝑑ℎ 
+  2(𝑃 𝑑𝑟) (𝑠𝑖𝑛
 𝑑𝜃
2
) 𝑑𝜃 𝑑ℎ =  𝑟 𝑑𝑟 𝑑𝜃 𝑑ℎ  
𝑑𝑃
𝑑𝑟
 
 
(A4) 
 
Therefore, the centrifugal force ratio,𝜅 is given by: 
 
𝜅 =  
𝐹𝑐
𝐹𝑝
 =
𝜌 𝑑𝜃 𝑑𝑟 𝑑ℎ 𝑉𝑡 
2
𝑟 𝑑𝑟 𝑑𝜃 𝑑ℎ  
𝑑𝑃
𝑑𝑟
=
𝜌 𝑉𝑡 
2
𝑟 
𝑑𝑃
𝑑𝑟
 
(A5) 
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Appendix B 
 
The Proposed Dry Gas Seal for Turbine Design 
 
The dry gas seal should be recommended to replace the higher leakage labyrinth seal as 
shown below for the testing facility at The University of Queensland. The cold air is injected 
into the labyrinth seal to cool down the high temperature CO2 from the turbine leakage that 
could be up to 560 o C (773 K). However, the dry ice formation is possible if the temperature 
is close to ambient (304 K). It is suggested to use the 97o C (370 K) than 60o C (333 K), 
injected supercritical CO2 for the dry gas seal application to avoid the seal operation in the 
vapour dome region.  
 
 
 
Figure B.1: The suggested dry gas seal operation to replace the labyrinth seal in the 
preliminary design of the supercritical CO2 at the University of Queensland  100kWe thermal 
laboratory-scale test loop within Queensland Geothermal Energy Centre of Excellence 
(QGECE) the project. 
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Appendix C 
 
The Cross-Section of θ = 22.5o. 
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Appendix D 
 
Film Stiffness Calculation 
 
  
(a) (b) 
 
(c) 
Figure D1: The opening force, Fo versus film thickness for different polynomial order at α = 
15 o, and rg = 17 mm and hg = 5 µm(a) Second order, (b) third order and (c) fourth order. 
 
The plot above shows the opening force extracted from different simulations, together with 
curve fits of 2nd, 3rd, and 4thorder of polynomial. Clearly, as the order of polynomial 
increases, the curves are fitted accurately to the opening forces. Table D1 shows the R-
squared (R2) obtained from Microsoft Excel. The R-squared indicates the goodness of fit of a 
model. An R2 of 1 indicates that the 4th order regression line perfectly fits the data. 
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 The data fitting of 3rd order polynomial and 4th order polynomial comparable with the 
value of one is achieved using the 4th order polynomial. However, using the 3rd order 
polynomial (Figure D2) to plot the opening force, the film  the stiffness increases with the 
film thickness for h ≥ 6µm which is the opposite trend,  as the film stiffness decreases with 
film thickness. Therefore, the fourth order is chosen to plot the opening force profile and 
subsequently to calculate the film stiffness. 
 
Table D1: The value of R2 for different order of polynomial of opening force. 
Polynomial order R2 
Second 0.992 
Third 0.999 
Fourth 1.0 
 
  
(a) (b) 
Figure D2 : The film stiffness, kf  versus film thickness at α = 15o, rg = 17 mm and hg = 5 µm 
for  different polynomial order. (a) third order and (b) fourth order.  
 
